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PREFACE

This report presents the results of a program conducted by
Southwest Research Institute for the Eustis Directorate, U.S. Army
Air Mobility Research and Development Laboratory, under Contract
DAAJ02-70-C-0071. The USAAMRDL technical direction was pro-
vided by Mr. R. Givens.

The work described herein was performed with Southwest
Research Institute as the prime contractor and Bell Helicopter
Company as the subcontractor. SwRI had overall responsibility in
the administration of the program, in addition to the development of
the gear scoring predictive technique, the performance of sliding-
rolling disk tests, and the analyses of all disk-test and gear-test
results, BHC was responsible for the manufacture of all test disks
and test gears, as well as gear testing,

In addition to the above gear tests, valuable spur gear test
results were made available tc this program by Mr. P. Lynwander,
Chairman, Tribology Division, Aecrospace Gearing Committeec,
American Gear Manufacturers Association, These test results were

utilized in the formulation of the gear scoring predictive methodology.

Active participants of this program included P. M. Ku (principal

investigator), H. E. Staph, H. J. Carper, D. M. Deffenbaugh, and

H. Haufler of SWRI; C. E, Braddock, R, Battles, and R, T. Jenkins of

BHC,; as well as other supporting personnel of the two organizations.
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CHAPTER 1
INTRODUCTION

The investigation reported herein had as its basic objective the
development of an improved methodology for predicting the power-
transmitting capacity of gears as limited by gear-tooth acoring, with
special reference to aircraft power gears. The gear types of interest
included spur gears, straight helical gears, and spiral bevel gears.
The gear material selected for study was carburized vacuum-melt
AISI 9310 steel. The lubricants were MIL-L-7808 and MIL-L-23699
synthetic lubricants, with emphasis on a MIL-L-7808G lubricant.

In order to accomplish the above objective, pertinent informa-
tion in the literature was reviewed and made use of where deemed ap-
plicable; controlled sliding-rolling disk tests were performed and their
results analyzed and generalized to provide the basic inputs to the pre-
dictive scheme; computer programs were written for predicting the
scoring-limited power-transmitting capacity of spur, helical, and spi-
ral bevel gears; and full-scale gear tests were conducted to test the
validity of the computer predictions.

Aircraft power gears should ideally be designed to give maxi-
mum power-transmitting capacity per unit size and weight, and at the
same time possess a high degree of operating reliability. Obviously,
it is not possible to assess operating reliability and hence the maxi-
mum permissible power-transmitting capacity of gears as limited by
all possible modes of failure without considering the nature of these
failure modes and their respective impact on gear performance. A
comprehensive gear failure analysis of this character is not only .
beyond the scope of this investigation, but also impossible to accom-
plish in many respects. However, in order to provide some perspec-
tive to the overall problem, a brief qualitative discussion of the major
gear-tooth failure modes and their effects will be given in the next
chapter. It suffices to state at this juncture that gear teeth may fail
basically by either strength-related or lubrication-related causes,
However, many strength-related failures are influenced by lubrication
or can be induced by lubrication-related failures. The importance of
lubrication to gear performance is thus abundantly clear.

The current investigation is concerned with gear-tooth scoring,
which is one particular mode of lubrication-related gear failure. In
contrast to the other modes of lubrication-related gear failure which
generally take time to develop or reach destructive magnitude, scoring
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occurs quite precipitously and is therefore the most urgent one con-
fronting the designer. Obviously, as long as scoring cannot be over-
come, all titne-dependent modes of gear failure are essentially
academic. In other words, with gears that are adequately designed
and manufactured strengthwise, scoring is the first performance
barrier that must be crossed. It is only after scoring can assuredly
be controlled that the other failure modes become truly relevant.

As will be seen later, the existing technology of gear design is
such that the risk of strength-related failures can be quantitatively
assessed with some confidence, especially for gears of relatively
simple geometry operating under conditions such that misalignment
and dynamic effects are not large. However, the same cannot be said
of all lubric:tion-related failures due to the enormous complexity of
the phenomena involved. This investigation emphasizes the scoring
problem. Assuming that a scoring criterion can be established and
quantitatively related to gear performance, then the next logical step
will be the development of criteria for quantitative assessment of the
effects of the other lubrication-related failures, as well as further
refinements in handling the strength-related failures particularly for
the complex gear types and the subtle influence of gear mechanics on
lubrication. Unfortunately, all such information is not yet at hand;
hence meaningful optimization of gear design is now not possible.

In view of the overwhelming importance of scoring, it is under-
standable that the gear designer's concern, other than the strength
considerations, has so far been directed primarily toward the avoid-
ance of scoring almost at any cost. In this connection, it is well to
emphasize the difference between the avoidance of scoring and the
quantitative prediction of scoring in the design stage. Thanks to
decades of efforts on the part of many workers, the existing gear de-
sign technology is such that although the onset of scoring cannot yet
be predicted accurately, nevertheless enough is known in a general
way to avoid scoring by design without regard to the price ic be paid.
The advancement that is being sought in this program is to be able to
predict scoring in the design stage and estimate the scoring-limited
power-transmitting capacity. It is a far more difficult task than mere
avoidance of scoring without inquiring as to what penalties are thereby
entailed.

The program was essentially in the nature of engineering appli-
cation, and as such no serious effort has been made to delve into the
basic mechanism of scoring. Nevertheless, tangible progress is
believed to have been made in the phenomenological sense to provide a

12
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methodology for predicting the scoring-limiting power-transmitting
capacity of gears. As outlined in Chapter VII, the basic procedure
involves first the prediction of the ideal scoring-limited power-
transmitting capacity of a gear set, assuming perfect tooth alignment
and no dynamic tooth load. The probable, actual scoring-limited
power-transmitting capacity is then deduced from the ideal scoring-
limited power-transmitting capacity by applying corrections for the
misalignment and dynamic c<ffects.

As will be shown in Chapter VII, the prediction of the ideal
scoriag-limited power-transmitting capacity requires the use of certain
numerical coefficients, and the prediction of the actual scoring-limited
power-transmitting capacity further requires quantitative estimates of
the misalignment and dyrnamic correction factors. Tentative values for
these coefficients and correction factors were derived from the results
of the sliding-rolling disk tests performed under this program, supple-
mented by several sets of full-scale spur gear test results made avail-
able by the Aerospace Gearing Committee of the American Gear Manu-
facturers Association. It is realized that these coefficients and
correction factors are subject to refinements as additional disk and
gear test results become available, Nevertheless, using the tentative
values thus far developed, predictions were made for the full-scale
gear tests performed under this program. As will be seen in Chapter
VII, the predicted scoring-limited power-transmitting capacities were
within 10 percent of the statistically deduced test results from two
series of tests on spur gears and one series of tests on spiral bevel
gears, Helical gears were not tested in this program, due to dif-
ficulties encountered by the subcontractor in the scheduling of gear
manufacturing and testing.

The investigation has brought out certain fundamental issues
related to gear lubrication and gear mechanics, the resolution of which
is believed to be essential before gear design, performance prediction,
and performance optimization can be put on a truly rational basis.
These problems are discussed in Chapter IX,

13




CHAPTER II
GEAR-TOOTH FAILURE AND LUBRICATION

A. Major Modes of Gear-Tooth Failure

Since this investigation is concerned with gear design and per-
formance analysis, the nomenclature and symbols employed herein
follow generally those adopted by the American Gear Manufacturers
Association.l -6 However, departures from the AGMA practice are
made in several instances for the sake of clarity, as evident from the
List of Symbols presented at the end of the report.

AGMA cites 21 modes of gear-tooth failure,2 divided into four
broad categories of wear, surface fatigue, plastic flow, and breakage.
For the purpose of the present discussion, it is convenient to classify
the major gear-tooth failure modes as shown in Table 1.

There are two broad classes of gear-tooth failures, namely,
lubrication-related failures and strength-relaied failures. Major modes
of lubrication-related failure are rubbing wear, scoring, and pitting.
Major modes of strength-related failure are plastic flow and breakage.

Rubbing wear is a loss of metal by the rubbing action between
two relatively moving surfaces, when there is a lack of an intact oil
film of sufficient thickness to separate the surfaces.?”; 8 One form of
rubbing wear is adhesive wear, caused by metal transfer due to local-
ized adhesion or a solid-phase welding process, and subsequent detach-
ment of particles from one or both surfaces. The other form of rub-
bing wearisabrasive wear, caused by abrasive action between the
relatively moving surfaces, or by the presence of abrasive particles
between them. These particles may be dirt or other solid contami-
nants, or particles detached from the surfaces themselves due to
severe pitting or wear,

Rubbing wear takes time to reach damaging proportion. It is
of course harmful if severe and continued at an undiminishing rate.
However, rubbing wear which diminishes with time, such as that as-
sociated with a break-in process, is not damaging but in fact beneficial.

Scoring (or scuffing) is a severe form of adhesive wear, which
results in rapid damage to one or both surfaces in relative motion, 9,10
In contrast to the other modes of lubrication-related tooth failure which
generally take time to develop or reach destructive magnitude, scor-
ing occurs quite precipitously and is therefore the most urgent one
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TABLE 1. MAJOR MODES OF GEAR-TOOTH FAILURE

Mode

Lubrication-related failure

l. Rubbing wear

a. Adhesive wear
b. Abrasive wear
2. Scoring
3. Pitting

Strength-related failure

1. Plastic flow

2. Breakage

Basic cause

Lack of an intact oil film of sufficient
thickness.

Metal transfer by localized adhesion,
and subsequent detachment of particles.

Abrasive action.

Lack of intact oil film coupled with
intense localized frictional heating.

Repeated surface stress cycling.

Surface deformation under heavy load,
often aggravated by inadequate lubri-
cation,

Bending fatigue, severe pitting or
abrasive wear.
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confronting the {designer. Obviously, as long as scoring cannot be
avoided, all time-dependent modes of failure are essentially academic.
In other words, with gears that are adequately d signed and manu-
factured strengthwise, scoring is the first performance barrier that
must be crossed. It is only after scoring can assuredly be controlled
that the other failure modes become truly relevant, This accounts for
the enormous emphasis to date on gear scoring by researchers and
designers alike,

Since scoring is a form of adhesive wear, it cannot occur if an
oil film of sufficient thickness separates the surfaces. However, mere
lack of an intact oil film, while it inevitably leads to adhesive wear,
may not cause scoring. In order for adhesive wear to advance to scor-
ing, another necessary condition must be satisfied. Although the pre-
cise mechanisam of scoring is at present not yet understood, the con-
census is that it is the result of intense, localized frictional heating at
the rubbing contact and is thus thermal in character.

Pitting (or surface fatigue) is the consequence of repeated siress --
cycling of the surfaces beyond the metal's endurance limit, which leads
to surface or subsurface cracks and eventually the detachment of frag-
ments from and the formation of pits on one or both surfaces. 9-11
Being a fatigue phenomenon, pitting takes time to develop. However,
while rubbing wear and scoring cannot take place if an intact oil film
of adequate thickness separates the two surfaces, pitting can occur
even though it takes more time, This is because the presence of such
an oil film merely modulates the intensity of the repeated surface
stressing, but does not eliminate it altogether.

Plastic flow is the surface deformation resulting from plastic
yielding of one or both surfaces in relative motion, usually associated
with heavy loads or high temperatures, Although basically a strength-
related phenomenon, it can nevertheless be influenced by lubrication,
For example, high temperature which results in a reduction of the
metal's yield strength may be due to inadequate lubrication. More-
over, rippling (a form of plastic flow) is apparently related to a com-
plex interaction between the oil film and surfaces.12

Breakage of a gear tooth is caused by the bending stress im-
posed on it by the transmitted torque. 4-6 Outright breakage due to
excessive bending stress beyond the fracture strength of the tooth is
rather rare. A more common form of tooth breakage is that due to
bending fatigue. Breakage is basically a strength-rclated failure.
However, severe pitting or wear may so weaken the tooth (otherwise
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adequate for the service) as to cause breakage. In this connection, a
lubrication-related failure may lead to a breakage failure.

Consideration of the strength-related modes of gear-tooth
failure is beyond the scope of this report. However, the subject is
well covered by the standard treatises.l3-15 Moreover, the AGMA
Standards for rating the strength of several gear types4-6 provide
tangible, straightforward, and quantitative guides to design, provided
the many correction factors contained therein are selected with care.

In Chapters III, IV, and V which follow, the mechanics of spur,
helical, and spiral bevel gears will be briefly discussed, with the
objective of providing a background for assessing the risks of gear-
tooth scoring as well as the other modes of lubrication-related failure.

It is only necessary to emphasize here that although gear-tooth
failures may be due to either strength-related causes or lubrication-
related causes, many strength-related failures are directly or in-
directly influenced by lubrication.

B. Nature of Gear-Tooth Scoring

Although the basic mechanism of the scoring phenomenon is
still largely not understood, there is good agreement that the lack of
an intact oil film between the relatively moving surfaces is only a
necessary but insufficient condition for scoring.9,10,16-31 In other
words, in order for scoring to occur, the operation not only must move
into the boundary lubrication regime; but also must meet an additioral
requirement, However, largely because the mechanism of scoring 1s
basically unsettled, what form this additional scoring criterion must

take is still very much an open question. All available evidence appears

to suggest that how deeply the operation may safely extend into the
boundary lubrication regime without resulting in scoring depends upon
the physical and chemical nature of the oil, the metal surface, and the
surrounding atmosphere, as well as the operating conditions. More-
over, if there is a generalized scoring criterion, the concensus is that
it is thermal in character, i.e., it is the consequence of the intense
frictional heat generation at the potential scoring site,

* The term "boundary lubrication' is used herein to designate collec-
tively the rather ill-defined modes of classical boundary lubrication,
mixed lubrication, partial-elastohydrodynamic lubrication, and micro-
elastohydrodynamic lubrication,
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Of the various thermal scoring criteria that have been proposed,
the most famous is no doubt the critical temperature criterion. 16
Other principal criteria include the critical power intensity criterion?!
and the critical power criterion.28 These criteria have been com-
pared,27-30but the comparisons are basically inconclusive. In short,
there is no lack of data or arguments either to support or to refute
any of these criteria in some way. However, from the point of view
of generality, i.e., the potential of the criterion to account for the
greatest number of design, material, lubricant, surface, and operating
variables, it appears at this time that Blok's critical temperature
criterion is the most promising, provided suitable refinements are
added to Blok's original hypothesis. Such refinements will be discussed o
later in Chapter VI as applied to sliding-rolling disks and in Chapter VII
as applied to gears,

Critical Temperature Hypothesis. In a sliding-rolling system,
the friction due to the relative motion results in a localized, instan-
taneous rise in the temperatures of the surfaces in the conjunction
which, under steady-operating conditions, establishes the quasi-steady
temperatures of the two surfaces and the bulk temperatures of the two
bodies. In most practical cases, the partition of the frictional heat
and the general heat transfer conditions at the conjunction are such
that the two surface temperatures are approximately equal. 32 The
very unusual case when this is not so requires a more elaborate treat-
ment.23 However, such a refinement is hardly warranted at this time,
inasmuch as the basic mechanism of scoring is, as previously stated,
still not understood.

Taking the two surface temperatures as being equal, then one
may write for the sliding-rolling system

T, = Tg+ AT (1)
where T¢ = maximum instantaneous surface temperature in
the conjunction, °F
Tg = quasi-steady surface temperature, °F (often e
erroneously taken as the '"bulk temperature'')
AT = maximum rise of instantaneous surface temperature

in the conjunction above the quasi-steady surface tem-
perature, °F(also called the ""flash temperature' by Blok)
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Note that the transient temperature, Tc, is made up of two com-
poncnts: a quasi-steady component, Tg, and a transient component,
AT. Both of these components are basically caused by the frictional
heat generation at the conjunction. Their principal difference is that
the AT component arises almost instantaneously, so practically no
heat loss can take place in the process. On the other hand, the Tg
component can be influenced by the heat loss from the conjunction,
because it is taken over a period of time.28 This problem will be
considered further in Chapters VI and VII.

The basic premise of Blok's critical temperature hypcthesis
is that scoring will occur when T¢ reaches a critical value.16,17 In
other words, the criterion for scoring 1s

Top = Tg+ AT (2)

where Tcyp = critical temperature, °F,

In Blok's postulate, Tcr is considered as a constant for a given
metal-oil combination, regardless of the surface and operating con-
ditions. However, this has not been found to be quite true by other
investigators.24-26, 28-30 The matter will be considered in some
detail in Chapter VI.

If the critical temperature hypothesis is accepted, then scoring
prediction for a given gear set becomes basically a problem of estab-
lishing the proper value of T¢r and estimating the value of Tgs for
various operating conditions, from which the AT required to reach
scoring may be determined. Once this scoring-limited AT is known,
the scoring-limited power-transmitting capacity may readily be com-
puted,

The basic expression for computing the scoring-limited power-
transmitting capacity is Blok's equation for a steady-operating sliding-
rolling system with a rectangular conjunction (the so-called "line
contact'), such as a system comprising a pair of perfectly aligned,
straight cylinders.19 This equation relates AT to the unit normal
load as follows:

111 fw |V - V2|
e

AT = (3)
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where f = coefficient of friction
w = unit normal load, ppi
Vi, V2 = surface velocities (absolute) of the two bodies, ips
B = Blok's thermal coefiirient, lb/"F-in.-sec%
B = width of Hertzian hand in the direction of motion, in.

The various quantities iuvolved in Equation (3) will be discussed
in Chapter VI for steady-ope:ating sliding-rolling disks. Application
to gears, which undergo transient operation, must consider the effect
of gear mechanics as given in Chapter VII.

Note that Equation (3) applies strictlytoasliding-rolling system
with a rectangular conjunction. In case the conjunction is elliptic in
shape, B must be replaced by the width of the Hertzian ellipse and w be
replaced by an '"equivalent unit normal load" such as that proposed by
Kelley.18

(& Elastohydrodynamic Lubrication

It follows from Section A of this chapter that the presence of an
intact oil film between the surfaces of mating gear teeth appears to be
a desirable design goal, as it precludes rubbing wear and scoring, and
minimizes pitting danger. However, whether or not such a design
goal is practical or even achievable requires critical examination.

When counterformal bodies are loaded against each other, their
surfaces experience significant localized elastic deformations. Elasto-
hydrodynamic lubrication deals with the interaction between the hydro-
dynamic action of the lubricant and the localized elastic deformations
of the surfaces. It basically explains why an intact oil film may exist
under certain conditions between highly-loaded counterformal systems.

It has been found, both analytically and experimentally, 33, 34
that the oil film thickness in an EHD conjunction is not uniform. Ac-
cordingly, the oil film thickness of particular interest is the minimum
oil film thickness, because if rubbing contact were to occur, it would
be apt to occur where the oil film thickness is the least.

The basic equation for the minimum oil film thickness in a
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rectangular EHD conjunction of perfectly smooth surfaces, in a steady-
state, flooded, and isothermal flow, has been given in dimensionless
form by Dowson, 34 This equation may be written in conventional
engineering units as follows:

0. 54 0.70,0.43
) (ko Ve) R

ES3
E 0.03

h. = 26.5
m 0.13
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minimum oil film thickness, pin.

0o = pressure-viscosity coefficient of oil at conjunction-
inlet temperature and near-atmospheric pressure, psi"l

Mo = absolute viscosity of oil at conjunction-inlet temperature
and near-atmospheric pressure, cp

V¢ = sum velocity, ips

R = equivalent radius of curvature at the conjunction, in,
w = unit normal load, ppi

* .

E = equivalent Young's modulus, psi

The above equation applies strictly to a sliding-rolling system
with a rectangular conjunction, provided the numerous assumptions
stated above are met, In practical applications, the conjuanction shape
may not be rectangular, but may be elliptic in shape. If the aspect
ratio of the ellipse normal to the motion is large (> 5), little error
results from the rectangular as ;umption. However, if the aspect ratio
is small, then the problem becomes more complex. In that event, an
approximate covrection for "'side flow effect, ' due to Cheng,35 may be
used, provided all the other assumptions are not substantially violated.

Additionally, the assumption of an isothermal flow process may
not be approached in pra:tice, due to heating caused by the viscous
shear of the oil in the inlet region. This effect can be very significant
at high sum velocities, particularly when the oil viscosity is high. In
that event, another approximate correction for the "inlet-shear
thermal effect,' also due to Cheng,36 may be applied, provided again
all the other assumptions are not substantially violated.
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When Cheng's side flow and inlet-shear thermal corrections
are applied to Equation (4), the minimum oil film thickness for a
flooded, elliptic EHD conjunction of perfectly smooth surfaces is
obtained:

a°0.54(uovt)0. 70R0'43¢s¢t 5)

0.13 * 0,03
w E

hyy = 26.5

minimum oil film thickness, yin.

where h;n
¢g = side flow correction factor
¢t = inlet-shear thermal correction factor

The procedure for estimating the values of ¢g and ¢¢ is con-
veniently summarized in a recent paper by Cheng. 37 The other quanti-
ties involved in Equation (5) will be further dealt with in Appendix C,
primarily as a matter of general interest. However, the calculation of
the EHD film thickness will not be emphasized in this report. The
reasons are many; 9, 10but the crucial ones are as follows:

5 The inlet-shear thermal correction factor does not ac-
count for the nonuniform temperature distribution across the oil film,
yet this effect can be quite significant in practice.38 Reliable assess -
ment of the temperature gradient across the film, particularly con-
sidering sliding39 and the complex participating flow and heat transfer
involved, is currently not available,

2, Similarly, an improved method for estimating the side
flow correction factor is required.

3. Actual surfaces are never perfectly smooth, Surface
roughness and surface texture affect the EHD film formation in a
complex manner; 25,40-42 but there is as yet no confident way to
assess these effects. Indeed, if the composite surface roughness
involved is about the same order of magnitude as the nominal film
thickness, EHD lubrication in the classical sense no longer prevails,
In that event, the meaning of classical EHD lubrication becomes quite
obscure, and the computed EHD film thickness resulting therefrom is
apt to be very misleading.
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4, Due to the action of the gear teeth and the conventional
manner of oil supply, the state of gear-tooth lubrication is probably
always starved, or far from the flooded assumption. Although the
effect of starvation on film thickness behavior is quite well understood
by assuming an arbitrary inlet boundary location and shape with a uni-
form temperature distribution across the film,43 these assumptions
are, as stated above, not realistic for gears, In any case, there is
presently no reliable way to relate the extent of starvation (i.e., the
inlet boundary location) to lubricant, design, and operating parameters,
even under these idealized conditions.

5 Gear-tooth action also introduces dynamic tooth loading,
augments oil film development due to normal approach of the tooth sur-
faces, and causes flow acceleration and deceleration which affect film
formation. These effects are difficult to account for quantitatively.

6. As stated previously, it is now well established that the
lack of an intact oil film between the relatively moving surfaces is only
a necessary but insufficient condition for scoring. In other words,
scoring always occurs in the boundary lubrication regime, and the
scoring risk is more realistically assessed by another criterion, such
as the critical temperature, Accordingly, gear design based on ob-
taining full EHD lubrication is not only unnecessary, but far too con-
servative from the standpoint of size and weight.

1. Even if one chooses to employ full EHD lubrication as a
design goal, he has no assurance that it will be achieved in practice,
since the current film thickness predictive technique is inadequate for
this purpose, for reasons stated above. It can be readily seen from
Equation (5) that, everything else being equal, hj, is inversely pro-
portional to w0:13, or w is inversely proportional to (hin)7-7. Thus,
any errors in predicting the minimum oil film thickness will be greatly
magnified in the prediction of the scoring-limited power-transmitting
capacity.

D. Boundary Lubrication

The above remarks are not intended to minimize the important
contributions of the EHD theory to the current understanding of the
lubrication of counterformal surfaces, It is only that as knowledge on
the details of EHD lubrication expands, complications begin to emerge
and further refinements appear necessary., In particular, once the
operation leaves the full EHD lubrication regime, a continuous and
undisturbed oil film no longer exists between the mating surfaces.

The operation then enters the boundary lubrication regime, and the
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complex chemical interactions involved cannot be ignored.

It has been argued previously that of the three major lubrication-
related gear-tooth failure modes, EHD lubrication is not a necessary
condition for pitting and not a sufficient condition for scoring. There-
fore, in assessing the effect of lubrication-related failure modes on
gear performance, the crucial question is not when and how full EHD
film ceases to prevail; but rather when and how the boundary film
formed by the oil-metal-atmosphere interaction ceases to inhibit or
minimize surface failures.

Boundary lubrication is of course the most investigated but per-
plexed subject in lubrication. Literally thousands of references exist
that pertain to various aspects of boundary lubrication; but a few broad
treatises should suffice to illustrate its scope and tremendous com-
plexity.44-47 It is not possible to deal with the subject of boundary
lubrication in simple terms. What appears particularly important as
pertains to the lubrication-related failure modes of gear teeth will be
commented on later, mainly in Chapter VI. In any case, as the opera-
tion moves into the boundary lubrication regime, i.e., when contact
between the gear-tooth surfaces takes place, rubbing wear becomes
inevitable, scoring becomes a possibility, and pitting becomes more
likely, The manifestation of rubbing wear and pitting damages is
time-dependent, and their rates of damage depend upon the physical
and chemical oil-metal-atmosphere interactions. The occurrence of
scoring is quite precipitous, and is also controlled by boundary lubri-
cation considerations in some way.

E. Lubrication- Limited Gear Performancea

It is very difficult to describe the lubrication-related modes nf
gear-tooth failure, or to evaluate their impact on gear performance
with much confidence, mainly because the mechanisms of the failure
modes are still not well understood and the effect of gear mechanics
on these failure modes —while known to be large—cannot be accurately
assessed, However, regardless of the approximations involved, an
analysis made by Blokl9 is instructive.

In his analysis, Blok derived general expressions for the maxi-
mum power transmittable by a set of homologous gears, or gears hav-
ing similar design and materials, using a straight mineral oil. He
assumed that rubbing wear would not take place if the operation is in
the full EHD regime. He considered that scoring was governed by his
critical temperature hypothesis, with the critical temperature and
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instantaneous coefficient of tooth friction assumed constant. He re-
garded pitting as strictly a mechanical consideration by ignoring the
effect of lubrication. Using these assumptions, Blok concluded that

in the absence of strength-related failures, the maximum power trans-
mittable through a set of homologous gears is primarily limited at low
speeds by rubbing wear, at intermediate speeds by pitting or scoring,
and at high speeds by scoring.

As has been discussed in the preceding sections of this chapter,
Blok's assumptions are rather drastic oversimplifications of very
complex phenomena. Quite apart from the difficulty of defining the
mechanisms of the failure phenomena, which will hopefully comc about
in due time, it is believed that the time-dependent nature of the dam-
ages due to rubbing wear and pitting can be introduced in the scheme of
analysis., While such refinements will alter Blok's predicted trends
substantially in some regimes of gear operation, it is not believed that
his major conclusions will be greatly altered. The Blok analysis gives
probably the most convincing reason for the practical importance of
scoring, especially for aircraft power gears.

F. Impact of Gear Mechanics

Lubrication is concerned with the behavior of interacting sur-
faces in relative motion. Accordingly, the study of the lubrication of
any machine element must, by necessity, include a consideration of
the total effect of the following participating factors:

1. Motions without regard to the forces acting, or a study of
kinematics.
2. Forces, displacements, and motions, which are the

concern of what may be termed statics (where a state of rest is as-
sumed) and dynamics (the general case).

3. Material and surface characteristics, both physical and
chemical.
4. Lubricant characteristics, both physical and chemical.

5. Characteristics of the surrounding atmosphere, both
physical and chemical.

In other words, lubrication deals with the total interaction
including all physical and chemical causes and effects, which are in
most respects time-dependent in character. In an effort to gain an in-
sight into some specific aspects of the total problem, one customarily
begins by isolating the problem into neat, individual packages that can
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be more readily attacked. This is a logical and necessary learning
process; but one must not lose sight of the fact that these prescribed
packages may or may not neatly simulate gear operation. As explained
previously, although much has been learned about the lubrication of
idealized sliding-rolling systems in steady-state operation, certain
basic issues still remain., Additionally, in order to translate such
idealized knowledge into practice, the mechanical behavior of gears
must be brought into focus; but this is an area that has not engaged

the needed attention of lubrication engineers.

Gears employ counterformal surfaces and are thus subject to
high normal stresses. As they go through a mesh cycle, the tooth load,
sum velocity, and sliding velocity all vary in manners dependent on
the gear type and design,

Gear kinematics can be precisely defined by assuming com-
pletely rigid gears,13-15,48 Even so, the matter acquires much com-
plexity with such gear types as the hypoids and spiral bevels. In
reality, gears are never completely rigid, hence one must deal with the
interactions between forces and displacements or motions. One then
encounters the problems of statics and dynamics of gears, which will
now be highlighted.

Surface Deformation — Since gears are not completely rigid,
one must consider the consequences of this fact. One important con-
sequence is the local elastic deformation of the counterformal surfaces
under load, which gives rise to elastohydrodynamic lubrication, the
application of which to gear lubrication has been discussed.

Tooth Deflection — The elastic deflection of the gear teeth
affects tooth profile modification and the manner of load sharing among
the teeth. Although the subject of load sharing will be covered later,
some general remarks appear in order here. Consider, for example,
a set of involute spur gears (assuming no manufacturing errors) with
a contact ratio of less than 2, for which the load is carried by two
pairs of teeth at the beginning and end of the mesh cycle, and by only
one pair of teeth during the remaining portion of the mesh cycle. In
this simple case, the relation between the load sharing pattern and
tooth profile modification for a particular design load can be established
by statics with relative ease, but still with some measure of empiri-
cism. If the contact ratio is, say, between 2 and 3, the load is carried
by three pairs of teeth at the beginning, middle, and end of the mesh
cycle, and by two pairs of teeth during the remaining portions of the
mesh cycle. The load sharing and profile modification problem of
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high-contact-ratio gears is considerably more difficult to solve. De-
sign optimization is far more complex, because the propensity of both
strength-related and lubrication-related failures depends markedly on
how the high contact ratio is achieved.49 Nevertheless, high contact
ratio normally exists in such gears as the helicals and spiral bevels;
and it is gaining in popularity for aircraft spur gears.

Other Deflections — The gear bodies, shafts, support bearings,
and housing also deflect under load, These deflections may modify load
sharing among the teeth, or cause tooth misalignment. Analysis of
these deflections is even more difficult than that of tooth deflection; a
rational approach is currently lacking.

Tooth Misalignment — Tooth misaligament may be due to the
numerous bulk deflections mentioned above, manufacturing errors,
stackup of tolerances in the assembly process, or differential thermal
expansion. Whatever the causes, misalignment can greatly affect both
strength-related failures4-® and lubrication-related failures. 22 Mis-
alignment is one of the most nasty problems to handle, because it is
difficult to measure and control in practice, and reliable prediction of
its effects is still not available.

Dynamics — The dynamics of gear-tooth behavior, due to the
transient nature of tooth engagement, operation away from the profile-
modified design point, manufacturing errors, and externally imposed
dynamic conditions, is an exceedingly complex subject. Clearly, if
the actual tooth load is much higher than that derived for the static
case, then estimates for both strength-related and lubrication-related
failures based on the static load can be overly optimistic. As will be
seen later, the dynamics of gear teeth of simple geometry, under
idealized conditions, has been a subject of much study, mainly with
regard to strength-related failures. Even so, the dynamics of a com-
plete gear system, and also the dynamics of lubricant flow to and over
the gear teeth, are quite different matters. The effects of gear and
lubricant flow dynamics on lubrication-related failures, as well as the
time-dependent chemical interactions involved in the failure processes,
are by and large not well understood at present.
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CHAPTER III
SPUR GEAR MECHANICS

A, Spur Gear Kinematics

Spur gears are the most common form of gears in use. They
operate on parallel shafts and all elements of a gear tooth are parallel
to those shafts. The shape of a gear tooth may take one of many forms,
provided the contact between mating pairs of teeth results in a conju-
gate motion; i.e., the transmission of motion at constant angular ve-
locity., The most commonly used tooth form is derived from the
involute of a circle.

This chapter will discuss several important aspects of involute
g-ar mechanics as applicable to the problem of gear scoring. More
detailed treatment of involute gear mechanics may be found in standard
texts,13-15

Figure 1 shows a transverse view of two involute gears in mesh.

The smaller one of the pair, usually called the pinion, is the driving
member in this illustration. The larger one, usually called the gear,
is the driven member. Contact initiates at point A between a pair of
teeth and continues along the line AD until the pair of teeth disengage

at point D. The line AD is the path of contact. To avoid interference
between the tooth profiles, contact must lie between points V and W,
the interference points.

The line VW is tangent to the base circles of the pinion and
gear, which are unique to any given pair of involute gears. This line,
of which AD is a part, makes an angle ¢ with the normal to the line of
centers. This angle is the pressure angle, as shown in the lower por-
tion of Figure 1.

Figure 1 shows two adjacent pairs of teeth in contact, one pair
at A and the second pair at B. If the line VW, assumed to be a flexible
but inextensible cord, were loosened at point W and wrapped around
the pinion base circle, and then loosened at point V and wrapped around
the gear base circle, scribers attached at points A and B would alter-
nately trace involutes on the pinion and gear blanks which would form
part of the active portions of the mating tooth surfaces. The length AB
is equal to the arc length A'B', the normal base pitch.

The distance from any point of tooth contact to the interference
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Figure 1. Spur gear geometry and kinematics
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point is the instantaneous radius of curvature of the tooth profile at
the point of contact, Thus in Figure 1, the radii of curvature at A are
AV for the pinion tooth and AW for the gear tooth. Similarly at B, the
radii are BV and BW,

The instantaneous sliding and sum velocities at the contact
point may be determined from the instantaneous radii of curvature of
the two teeth at that point and the angular velocities of the pinion and J
gear. Referring to Figure 1, they are

= - »
vs ppwp pgwg (6)
Ve = Pp«wp +pgwg (7
where Vg = instantaneous sliding velocity, ips
V¢ = instantaneous sum velocity, ips
pp = instantaneous radius of curvature of pinion tooth, in,
pg = instantaneous radius of curvature of gear tooth, in,
Wy 7 angular velocity of pinion, rad/sec
wg = angular velocity of gear, rad/sec

The gear ratio, or the ratio of the larger to the smaller number
of teeth in the mating gears, is

N D w .
SRR (®)
P “e
where G = gear ratio *
d = pitch diameter of pinion, in.

D

pitch diameter of gear, in.
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p number of pinion teeth

N

g number of gear teeth

It can be readily shown that as a pair of teeth go through the
mesh, the sum velocity remains positive throughout the mesh cycle.
On the other hand, the sliding velocity starts at a maximum negative
value at point A, rises to zero at the pitch point O, then it becomes
positive and increases to a maximum positive value at point D. For
the case of G = 1, the sum velocity is constant throughout the mesh
cycle, while the absolute value of the sliding velocity variation is
symmetrical with respect to the pitch point. If the pinion is the driver,
as shown in Figure 1, the sum velocity will increase as the mesh pro-
gresses from A to D, and the absolute value of the sliding velocity
will be greater at A than at D, With the gear as the driver, the sum
velocity will decrease as the mesh progresses from A to D, and the
absolute value of the sliding velocity will be less at A than at D,

B. Spur Gear Statics

It has been pointed out that a pair of spur gear teeth first engage
at point A (Fig. 1) and finally disengage at point D. Figure 2 shows
two involute spur gears at the instant that a pair of teeth engage at A,
A second pair of teeth are already in mesh at B. As the gears rotate,
the pair of teeth previously in mesh at B will move to point D, where
they are ready to disengage. The pair of teeth previously at A are
engaged at point C. Any further motion will result in the teeth at D
separating and the teeth at C being the only pair of teeth in contact. It
is obvious that as the pair of teeth at A move to C, and the pair of
teeth at B move to D, the load is shared between these two tooth pairs.
However, as the pair of teeth at C move to B, the load is carried
entirely by this single pair of teeth, A measure of the portion of the
total contact time during which two pairs of teeth share the load is
given by the contact ratio, defined as

mg = — (9)

where me = contact ratio

AD

length of path of contact, in.
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Figure 2,

Spur gear contact condition
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P, = base pitch, in.

Contact ratios of properly designed spur gears are normally in the
range of 1.3 to 1. 7; and the greater the contact ratio, the longer two
pairs of teeth share the load during the mesh cycle.

The load distribution between the two pairs of teeth simulta-
neously in contact between AC and BD is a function of the tooth deflec-
tion under load and the tooth profile modification.

Walker 50-52 has shown to an engineering approximation that
the normal deflection at an arbitrary point M of a full-depth involute
spur gear tooth under a normal load at M is given by the expression

14w h
m = ngcose (10)

normal deflection of tooth, in.

where 6pm

wp, = unit normal load on a single tooth at point M, 1b/in.
E = Young's modulus, osi-

h = height of inscribed parabola, in.

t = width of inscribed parabola, in.

6 = load angle, deg.

The parabola height and width are those associated with the
tooth-equivalent beam of uniform bending stress inscribed in the tooth
profi1e4' 52 and illustrated in Figure 3. The load angle is the angle
between the load line and a line normal to the center line of the tooth.
It is also shown in Figure 3,

The total deflection between a pair of teeth in contact at M is

the sum of the individual deflections of each tooth, or
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Figure 3, Load on a single tooth
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When the gear teeth are loaded, they deflect; and the deflection
manifests itself as a relative angular shift between the gears, The
result is that the teeth interfere with each other at the point of load
engagement. This is illustrated in Figure 4. The interference at
point A may be eliminated if the tooth on the driven gear were to have
the "overlapping' material at its tip removed. Then the tip of this
gear tooth would once again make initial contact with the driver gear
tooth at the point A, To ensure smooth engagement of the teeth as the
mesh continues, material is removed along the entire tip of the working
face of the driven gear tooth from A to C. To avoid a similar inter-
ference during the mesh cycle from B to D, the driver gear tooth pro-
file is relieved from B to D, It is seen from Figure 4 that the maxi-
mum profile modification to be applied to the tip of the driven gear tooth
is equal to the total tooth deflection at point B, Similarly, the maxi-
mum profile modification to be applied to the tip of the driver gear
tooth is the total tooth deflection at point C. The amount of modifica-
tion between points A and C, and between points D and B, usually
reduces linearly along the profile.*

It should be apparent that if the modification is determined by
the deflection of the teeth at some given load, then the modification
will not be ideal at other loads. If the load is greater than that for
which modification was selected, some interference will occur, but
certainly not to the extent had there been no modification at all, If,
on the other hand, the load is less than that for which modification
was selected, the teeth will be slightly late in engaging and early in
disengaging, but no interference will occur. The usual practice is to
choose the modification to give a smooth load transfer at the load level
most often encountered during operation.

If it is assumed that during contact between two pairs of teeth
(double tooth contact), the total deflections at each contact pair are
equal, and that the sum of the loads at each pair are equal to the total
transmitted load, the individual normal tooth loads may be determined.

For contact between A and C (Fig. 2), the normal load at an
arbitrary point i is
6j+ Aj - &4

* In practice, the calculated modification is applied fully at the first
point of contact, but only partially at the last point of contact, in an
effort to allow the gear set to run smoother at less than the design load.
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Figure 4.

Tooth interference due to bending
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where W; = normal contact load at any arbitrary point i of double
tooth contact, 1b

W = total normal load, 1b

§; = total tooth deflection at i, in.

6; = total tooth deflection at j, one base pitch from i, in.
Ai = modification of driven tooth at i, in.

Aj = modification of driver tooth at j, in.

For contact between B and D, at a point j one base pitch along
the line of contact AD from point i, the normal load is

W, = W - W, (13)

where Wj = normal contact load at j of double tooth contact, one
base pitch from i, 1b

For single tooth contact between C and B, the normal load is
constant, as for example at an arbitrary point k,

W = W (14)

where Wk = normal contact load at any arbitrary point k of single
tooth contact, lb,

Equations (12), (13), and (14), when applied to points along the
path of contact, define the load sharing pattern through the mesh cycle
of spur gears with a contact ratio between 1 and 2. This fairly labori-
ous calculation can easily be performed by means of a computer pro-
gram, as is done in the current work (App. H). If such a computer
program is not available, an approximate load sharing pattern, such
as that used in the AGMA gear scoring design guide,3 is often used in
practice. The AGMA load sharing pattern is fixed, and is independent
of the load level. However, in view of its approximate nature, this
objection is mainly academic,

APHO L EI e et £ A
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Spur gears with contact ratios greater than 2 are fairly rare;
but are gaining in popularity for aircraft power gears. The impact of
high contact ratio on spur gear performance has been discussed re-
cently by Staph.49 If the contact ratio is between 2 and 3, then 3 pairs
of teeth share the load at the beginning, middle, and end of the mesh
cycle; while only 2 pairs of teeth share the load during the remaining
portions of the mesh cycle. The computation of the load sharing pat-
tern for such gears can be done in a similar manner,49 by using the
Walker procedure. The AGMA load sharing pattern mentioned above
does not apply to this case,

Tooth loads found by the above procedures are static loads, or
those for very low-speed operation. Rigorous analysis of load sharing
under dynamic conditions is currently not available. Gear-tooth
dynamics can thus only be trecated in an approximate manner, which
will be discussed in the section which follows.

C. Spur Gear Dynamics

In the previous section, equations were given for finding the
tooth loads between mating gear teeth for static or very low-speed
operation, If the tooth profiles were perfectly designed, if the gears
were perfectly manufactured and assembled, if the gears were oper-
ated at that unique load level for which the tooth profile modifications
were designed, and if no other dynamic stimuli were present in the
system, then these equations would also be valid for high-speed
operation. Unfortunately, these conditions arc nevuer achievable in
practice. Because of these deviations from the ideal, the actual tooth
loads are higher than those calculated from the static load equations.

Dynamic loads result when, for one reason or another, the gear
teeth undergo an angular speed change in the meshing process. For
example, in a gear set in which the pinion is the driver, if the gear
tooth just ready to engage the pinion tooth is too thick (a manufacturing
tolerance problem), contact between the teeth will not occur on the
line of action; but somewhere ahead of and off the line, The action
will not be conjugate. The teeth will deflect to some small extent
under load, lessening the shock of the sudden loading; but the main
result will be an acceleration of the gear or a deceleration of the
pinion, each in an effort to bring the point of contact, now off the line
of contact, back onto the line. This acceleration or deceleration gives
rise to an overload, or a dynamic load increment. The static load
plus the dynamic increment is the dynamic load.
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Although the previous example illustrates the dynamic load as
being produced by the velocity change occurring at the first point of
contact, in fact no such limitation exists. At any time during the
nominal engagement of a pair of teeth whose profiles are such that con-
tact moves off the theoretical line of action, a velocity change will
occur to the pinion and the gear, producing a dynamic load. Generally
speaking, however, the velocity change at the initial point of contact is
the grezatest and hence produces the largest dynamic loading in the
cycle.

All gear pairs experience dynamic loads to some degree since
gear perfection is not a reality. For high-precision gears operating
at moderate speeds and loads, the dynamic loads are not very high
and they do not cause serious problems.‘*'6 On the other hand, highly-
loaded gears and very high-speed gears, even lightly-loaded, may
experience dynamic loads sufficient'y high to cause concern. This is
particularly true where a gear pair is designed f-r the ultimate in
power-to-weight ratio such as aircraft gearing.

Of particular concern are gear systems which operate at speeds
near the natural frequency of the gear mass/tooth spring system. At
resonance the dynamic increment can equal the load due to the input
power, 53-55 Some evidence exists which shows even higher dynamic
increments if the damping in the systeim is less than about 7 percent of
critical.53-55 Fortunately, most cnmbinations of material, lubricant,
and gear blank design will provide this value of damping.

Dynamic loads may result from manufacturing tolerances in the
pitch, pressure angle, tooth thickness, tooth profile, and lead, or
from misalignment or tooth deflection, or anything which causes the
gears to deviate dimensionally or operationally from perfection. Like-
wise, dynamic loads may arise from the operation of modified profile
gears at loads other than that for which the modification was based,
since the effect is the same as tooth mesh errors due to manufacturing
tolerances.

From a practical standpoint, dynamic loads may be related to
tooth deflection, 0, pitch error, e, and profile modification, A. Table
2 shows the relationships involved for several combinations of pitch
error, deflection, and profile modification, The pitch error is the
sum of the allowable pitch tolerances of each gear. Pitch tolerances
are found in the AGMA Gear Handbook 56 for the class of gear under
consideration. The total tooth deflection § is the deflection at the
point B (Fig. 2), since it is this deflection that affects the mesh at A.
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TABLE 2, EFFECTIVE TOOTH ERRORS

Pitch Total tooth Effective Profile Effective
error, deflection, pitcherror, modification, error,
Case e 6 ef A ee

a 0 0 0 0 0

b e 0 e 0 e

c e 6 e+ d 0 e+d

d e 6 e+ 6 -6 e

e e 6 e+ 6 -A e+b-A

40




AP A

i

The effective pitch error, ef, is the algebraic sum of e and §.

The profile modification A is the sum of the tip modification of
the driven gear and the root modification (if any) of the mating driving
gear. Normally, profile modification tolerances are positive (i.e.,
removal of material), reducing the effective error and are thus not
considered. Note in Table 2 for case d, the modification is equal to the
total tooth deflection, thus negating the effect of the deflection at
engagement,

The effective error, that error which the teeth "see' as they
engage, is the algebraic sum of ef and A, It is this error, regardless
of its source or makeup, that will cause the dynamic load.,

Gear-tooth dynamics has been a subject of considerable study
from both theoretical and experimental standpoints; and the complexity
of the groblem is well illustrated by some of the references cited here-

5,57-65 Among the works that are fairly typical of the state of
the art, the Seireg and Houser methodbl, 62 represents a combined
theoretical and experimental approach but is rather difficult to apply,
while the Tuplin method®3 is based on a simple theoretical approach but
is easier to use in practice.

It should be emphasized that the subject of gear-tooth dynamics
is exceedingly complex. It involves by necessity not only the dynamic
behavior of the gear teeth themselves, but also of the other components
in the system which participate in governing the dynamic behavior of
the gear teeth. The displacement, elastic, damping, and inertia char-
acteristics of all these participating components are difficult to define
and account for; and how well the currently available approaches
actually work out in practice remains intriguing. In view of this situa-
tion, only the relatively simple Tuplin's method®3 will be discussed
herein and employed in the computer program in this report (App. H).
In addition to the Tuplin method, the empirical and even simpler AGMA
approach4-6 will also be mentioned.

A convenient way to account for the dynamic effect is to intro-
duce a dynamic factor, Ky, defined as

static load

K =
v dynamic load

- static load (15)
static load + dynamic increment
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The static load is computed by the procedure outlined in the preceding
section. The dynamic load is then the static load divided by the dy-
namic factor,

Tuplin's Method. In order to apply the Tuplin methcod,("3 it is
necessary to calculate the period of the natural frequency of the gear
mass /tooth spring system, It inay be calculated by any convenient
method, as for example, the Holzer method, or by the following ap-
proximation:

Mme
T, = 2 — 16
where Tp = period of natural frequency of gear mass/tooth spring
system, sec
m, = equivalent mass of pinion and gear, lb-sec?/in.
ky = spring rate of a pair of mating spur gear teeth, lb/in,

The spring rate of a pair of mating teeth is approximately con-
stant through the mesh; thus a fair approximation to the spring rate
may be found by considering a cantilever beam loaded with a uniform
load across the tip, This gives

FEp .
ky = ———a——— (17)
32 (D, - D)3
where F = face width, in.

E = Young's modulus, psi
p = circular pitch, in,
Do = pgear outside diameter, in.
D = gear pitch diameter, in.

If the gear drives, the equivalent pinion diameters should be used for
Dy and D.
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The time for the tooth error to be applied is assumed to be the
time for the gears to turn through one circular pitch, or

te = £ (18)
Vi
where t, = time for tooth error to be applied, sec
Vi = pitchline velocity, ips.

The ratio te/Tp is used in Figure 5 to determine the value of
ea/ee. With ee obtained from Table 2, the apparent tooth error, e,,
is calculated; and the dynamic increment is then

Fi = kjea (19)

dynamic increment, lb

where Fj

apparent error, in, (from Fig. 5)

€a
The dyramic factor, Ky, may then be calculated from Equation (15).

If the gear train operates at speeds near the resonant frequency
of the gear mass/tooth spring system, it may be shown that the critical
value of te/Tn is given by the reciprocal of the number of pinion teeth 63
Assuming a minimum number of pinion teeth as being 12, the critical
value of te/Tp ie 0.083, and e3/ee = 0.96 from Figure 5. From
Equation (19),

In other words, the dynamic increment is nearly equal to the static
load, or Ky is nearly 0.5, a result suggested earlier.

AGMA Method. The AGMA method4 is extremely simple to
apply in practice; but its use requires much experience and judgment.
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Figure 5. ej/eg vs. to/T, for Tuplin's method
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This method states that the dynamic factor, Ky, depends on: '(a) ef-
fect of tooth spacing and profile errors, (b) effect of pitchline and
rotational speeds, (c) inertia and stiffness of all rotating elements,

(d) transmitted load per inch of face, and (e) tooth stiffness.' It then
furnishes three simple equations for the dynamic factor, herein desig-
nated as K], K,,, and K3 for convenience, for the following three
situations:

For "high-precision' gears when the effect of the items listed
above are such that ''no appreciable dynamic load is developed, "

K =1 (20)

vl

For "high-precision' gears when the items listed above 'can
develop a dynamic load, "

78
Kv2 = [0 (21)
v 78+ [ Vi
For less precise gears,
50
K = — 22
e 50 + J Vt g

In Equations (21) and (22), V¢ is the pitchline velocity, fpm.

The AGMA equations can of course be faulted for their lack of
sophistication. However, in view of the complexity of the total gear-
tooth dynamics problem and the difficulty of handling the problem in a
rigorous but realistic manner, they do provide some easy and practical
means of accounting for the dynamic effect if caution is exercised.

Further discussion of the dynamic factor as applied to practical

prediction of the scoring-limited performance of gears will be deferred
until Chapter VII,
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CHAPTER IV
HELICAL GEAR MECHANICS

A, Helical Gear Kinematics

If a spur gear were sliced transversely into a number of thin
plates, and each plate were displaced through a small positive angle
with respect to the preceding one, the result would be a stepped gear.
To carry the process further, the plates could become infinitesimal
in thickness and infinite in number, then the result would be a helical
gear. Consequently, the tooth profiles in any transverse plane of a
helical gear are identical, but are shifted through an angle propor-
tional to the axial displacement. The intersection of the tooth surface
with the pitch cylinder is a helix.

The contact in a pair of uncrowned helical gears on parallel
axes isapproximatelyarectangle. In actual practice, the contact may
not be like this if inisalignment is present, but may be more nearly a
distorted ellipse.

Two helical gears viewed in the transverse plane (normal to
the axes of rotation) are shown in Figure 6. The plane of action is
projected above the gears. The slant lines in the plane of action are
the lines of contact of the contacting tooth pairs. There are, in this
case, two pairs of teeth simultaneously in contact, spaced one normal
base pitch apart. Contact between a pair of teeth starts at point A
and sweeps across the plane of action to end at point D'.

The geometry at an arbitrary point H on a line of contact may
be found by determining the point's projection H' in the transverse
plane. Then methods of analysis similar to those for spur gears may
be used to determine tooth geometry at H'. The base helix angle, U,
may be taken into account to translate the results back into the normal
plane.

The projected radii of curvature at H' in the transverse plane
are

pp = VH'

Pg = wWH'



Figure 6.

hﬂ

Helical gear geometry and kinematics
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These radii may be translated back to the point H in the normal plane
by taking into account the base helix angle, ¢, thus

Ppn VH' sec yp

WH' sec Yp

Pgn

Using these radii in the normal plane, the instantaneous slid-
ing and sum velocities at the point H ara

Vs = (ppnwp - pgnwg) cos yb (23)
where ppn = radius of curvature of pinion in normal plane, in.
Pgn = radius of curvature of gear in normal plane, in.
wp = angular velocity of pinion, rad/sec
wg = angular velocity of gear, rad/sec
¢p = Dbase helical angle, deg.
B. Helical Gear Statics

As illustrated in Figure 6, two pairs of teeth are simulta-
neously in contact at the instant shown. This set of gears will always
have two pair of teeth in contact at any one time, since as the leading
line of contact nears point D', a new line enters at point A. Properly
designed helical gears will always have at least two and often more
pairs of teeth in contact at any one time. Because several pairs of
teeth are in contact at one time, helical gears operate more quietly
than spur gears, and with less shock at tooth engagement,

Like spur gears, a measure of the load sharing between pairs
of teeth simultaneously in contact is the contact ratio., However, since
contact in the plane of action of helical gears is in two dimension.,
there are two contact ratios. The face contact ratio is that due to the
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helical nature of the tooth elements that cause overlap between pairs
of teeth. In terms of gear parameters, it is

mf = E_t;;;.n_‘l’. (25)

where mf face contact ratio

F = face width, in.
¢ = helix angle, deg.
p = transverse circular pitch, in.

‘The transverse contact ratio is that due to load sharing in the
transverse plane and is identical in nature to the contact ratio in spur
gears, or

me = — (26)

where py, is the transverse base pitch, in.

The total contact ratio is the sum of the face and transverse
contact ratios, or

m¢ = mc + mf (27)

Because the load extends from the tip, diagonally across the
gear face, to the root of a tooth, the tooth deflection is = complex
function of tooth form and helix angle. No rational method is available
for determining the tooth deflection. However, the flexibility of the
tooth loaded near the tip, and the rigidity of the same tooth simulta-
neously loaded near the root, together with the several teeth in contact
at one time, tend to distribute the load more evenly over the instan-
taneous lines of contact for uncrowned helical gears., This approxi-
mation is implied in the AGMA standard for rating the strength of heli-
cal and herringbone gear teethd in the calculation of the load sharing
ratio

_ F
my = < (28)
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where my load sharing ratio

t
1

total length of lines of contact for all tooth pairs
simultaneously in contact, in.

This equation implies that the fraction of the total normal load
carried at any instant by any tooth is proportional to the ratio of the
length of the instantaneous line of contact on that tooth to the total length
of all instantaneous lines of contact on all teeth.

Figure 7 is a view of the plane of action of a pair of helical
gears. Threepairs ofteeth are in simultaneous contact in this illu-
stration. The position of a line of contact from the time it starts at
point A until it exits at point D' is determined by the parameter f,
measured normally to the lines of contact. There may be, as shown
in Figure 7, lines of contact ahead of and behind this line at a distance
of py; the normal base pitch, apart.

The line of contact at distance f may be divided into a number of
equal divisions and each such division may be treated for purposes of
analysis as an elemental spur gear tooth having a width in the normal
plane equal to the length of the division. The load is assumed constant
over the length of the division, so that

where W; = mnormal load on the elemental gear, 1b
w = total normal load, 1lb
L = length of a division, in.

The instantaneous sliding and sum velocities in the normal
plane at the point of contact in the middle of the division, as for exam-
ple at point M, are used as being representative of the conditions on
the elemental gear.

C. Helical Gear Dynamics

Dynamic loads in helical gears arise from the same causes
as they do in spur gears; namely, manufacturing tolerances, tooth
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Figure 7. Helical gear contact condition
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deflections, system dynamics, or anything that results in a change
in the angular speeds of the teeth in action. However, since the load
on helical gear teeth is applied diagonally across the tooth face,

and because at least two and usually more teeth are simultaneously
in contact, the tooth deflections are not as severe as they are in spur
gears. Consequently, dynamic loads are, on the whole, somewhat
less for helical gears than they are for spur gears, With only minor
changes, the methods for determining the dynamic factors described
previously for spur gears may be applied to helical gears.

Tuplin's Method. The dynamic factor for helical gears may
be computed by the same equations presented in the preceding section
for spur gears, with one exception. This exception relates to the tooth
spring rate, ky. Equation (17) previously given applies to spur gears.
For helical gears, ...e approximate equation is

m E(p cos ¢)3

% 56 (Do- DR oo
where ky = tooth spring rate for helical gears, lb/in.
E = Young's modulus, psi
p = transverse circular pitch, in.
¢ = helix angle, deg
D, = gear outside diameter, in.
D = gear pitch diameter, in.

Note that the quantity p in Equation (18) should be the transverse circu-
lar pitch, since it and not the normal circular pitch governs the dis-
tance moved by points on the pitchline of the rotating gear.

AGMA Method. The AGMA method for estimating the dynamic
factor of helical gears is also basically identical to that for spur
gears, For helical gears, the AGMA procedure specifies two dynamic
factors, Kyl and Ky2, exactly as in Equations (20) and (21), respec-
tively., The third dynamic factor, Ky3, is not used for helical gears.
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CHAPTER V
SPIRAL BEVEL GEAR MECHANICS

As Spiral Bevel Gear Kinematics

Spiral bevel gears are related to straight bevel gears in much
the same manner as helical gears are related to spur gears. That is
to say, the element of a spiral bevel gear tooth forms a spiral helix
about the pitch cone, whereas the element of a helical gear tooth forms
a cylindrical helix about the pitch cylinder. Many of the advantages
and disadvantages of helical gears, such as multiple tooth contact and
thrust loading, are present in spiral bevel gears.

The bases of spiral bevel gears are pitch cones which intersect
at a common point. The axial plane contains the gear axes, Figure 8,
looking normal to the axial plane, shows some of the parts of a pair of
spiral bevel gears. The pitch plane is seen as the line PO, and the
pitch point is point P.

Figure 9 looks at the pitch cone normal to the pitch plane. Ele-
ments of a tooth make an angle y with the cone element midway of the
face width, This is the spiral angle, and it is equivalent to the helix
angle in helical gears with the exception that, due to the taper of the
pitch cone, the value of the spiral angle is not constant but depends
upon where along the cone element it is measured.

A section of the tooth on the normal plane is also shown in
Figure 9. The pressure angle, ¢, is specified in this plane. The
most common spiral angle is 35°; the usual pressure angle is 20°,
The tangent plane is also shown in Figure 9,

Since the plane of action shows the contact on all teeth in action
simultaneously, it is more convenient to use the plane of action for
study than to use the tooth surface. Accordingly, Figure 10 shows the
plane of action hounded by the pairs of curved and tapering lines. To
simplify the analysis, the plane of action is assumed to be rectangular
with width F and length Z as shown in Figure 10,

The three diagonal lines in the plane of action represent the
contact between three pairs of teeth which at the instant are sharing
the load. These lines are actually the major axes of contact ellipses.
The ellipse passing through the ends of the instantaneous lines of con-
tact represents the limits of contact. If it were not for mismatch of
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Figure 10. Spiral bevel gear contact condition
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the teeth (to be discussed more fully later), the lines of contact would
extend theoretically to the edges of the rectangle. Because the plane
of action is tangent to the base cone, the lines of contact are inclined
to the cone element by the angle y,, instead of J as in Figure 9.

Because contact in the plane of action of spiral bevel gear teeth
is in two dimensions, there are, as in helical gears, two contact ratios.

These ratios are calculated from Equations (25) and (26) for helical
gears, but they are combined differently to give a modified contact

ratio as
mg = /mfz + mcz (31)

modified contact ratio

where mg

mg¢ face contact ratio

mg transverse contact ratio

Sliding and sum velocities between tooth contact points midway
of the line of contact VW are found by determining the components of
the absolute velocities of the contact points on the pinion and gear in
the tangent plane.

It may be shown66 that the component of the velocity of the
point of contact of the pinion tooth in the direction along the tooth ele-
ment is

= : tan
VFP = Valtan ¢ + ‘ZOI 5m¢nz—ran%

1
- Z — 32
| 20| cosén —— w] (32)
where va = component of velocity in the tangent plane of contact
point on pinion along tooth element, ips
Vh = normal component of pitch point velocity in the pitch
plane, ips
Y = mean spiral angle (i.e., spiral angle at mean point,

Fig. 9), deg.
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Z = distance in the plane of action from center of contact
to projection of contact point in mean normal section,

in,
én = pressure angle in normal plane, deg.
A = rmean cone distance, in.
Y = pinion pitch angle, deg.

The component of the velocity of the point of contact of the pinion
tooth in the profile direction is

_ . 1
Vpp LRV [sm¢n+ Z, Atan)y (33)
where va = component of velocity in the tangent plane of contact

point on pinion in the profile direction, ips

Similar equations may be written for the corresponding contact
point on the gear, in the tangent plane, as

_ : tan
Vrg = Vn [tamp - | Zo| sinén ToF
- IZ Icos¢ — (34)
2 N AcosT
\' =V sin¢, - Z ——
Pg = 'n n © Atan T (35)
where VFg = component of velocity in tangent plane of contact point
on gear along tooth element, ips
T = gear pitch angle, deg.
Vpg = component of velocity in tangent plane of contact point

on gear in the profile direction, ips

The difference and the sum of the components of the velocities
in the two directions give the sliding and sum velocity components in
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the direction along a tooth element and in the profile direction. Since
these directions are orthogonal, these resulting components may be
combined to give the sliding and sum velocities as

Vs

JWVEp - VEg? + (Vpy - Vpgl? (36)

J(VEp + VEgP + (Vpp + Vpg)l? (37)

Vi

In order to apply Blok's conjunction temperature rise equation,
it is necessary to determine the time for a contact point on each of a
pair of sliding surfaces to cross the heat zone, the area of contact
between the two surfaces, This requires a knowledge of the distance
across the contact area. In spur and helical gears, this distance is
the same for the point of contact of the pinion and gear. Because the
axes of spiral bevel gears are not parallel, the corresponding contact
points on the pinion and on the gear move across the area of contact in
different directions.

Figure 11 shows a typical instantaneous contact area in the
tangent plane of a pair of spiral bevel gears. Vp and Vg are the vector
sums of the velocity components VFp and Vpp for the pinion, and VFg
Vpg for the gear, respectively. The distance that the contact point on
the pinion travels as it sweeps across the contact area is d, in the
direction of Vp. Similarly, the distance that the contact point on the
gear travels as it sweeps across the contact area is dg, in the direc-
tion of Vg. These distances are

alpl
d, = 2 (38)
asin? (cxp + w) + blcos? (ap +w)
2,2
d, = 2 ab 39
g /azamz ((1g+w)+bzcoaz (lxg + w) i
where dp = instantaneous sliding distance of the pinion acrors the

cor.tact area, in.
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d = instantaneous sliding distance of the gear across the

8

contact area, in.

a = major semiwidth of the contact ellipse, in.

b = minor semiwidth of the contact ellipse, in.

a, = angle the resultant pinion velocity vector makes with
pitchline, deg.

ay = angle the resultant gear velocity vector makes with
the pitchline, deg.

w = angle of inclination of the line of contact with the
pitchline, deg.

B. Spiral Bevel Gear Statics

In this section, an equation for the tooth contact stress will be
developed. The method follows that of Reference 66 to which the reader
is referred for more details, Other helpful references are References
67 and 68,

Theoretically, spiral bevel gear teeth should operate with con-
jugate motion. Contact would be along a line extending diagonally
across the tooth surface, and moving generally from the heel to the toe
{or reverse). However, because of their sensitivity to the etfect of
manufacturing and assembly tolerances, and deflection under loading,
spiral bevel gear tceth do not operate with conjugate motion. Instead,
contact shifts to the edge and load concentrations occur. To counter-
act this shifting of load, the tooth profiles are modified to produce
"mismatch.'" This mismatch causes the point of contact to move back
onto the tooth face and, although the mating surfaces are no longer
conjugate, the resulting action is smoother and far better than that
produced by the theoretical conjugate motion. The contact, with mis-
match, is theoretically a point, but local yielding of the surface results
in an elliptical contact zone (Fig. 11). Reference 69 gives an excellent
review of mismatch techniques used in industry.

Since the mating surfaces of spiral bevel gear teeth are no
longer conjugate, the classical Hertz contact stresses between cylinders
do not apply. Reference 66 uses a combination of experimental results
and approximations to the Hertz theory to obtain the tooth contact
stress.

61




Referring to Figure 10, the variable f measures the displace-
ment of the line of contact VW from the center of the surface of action.
In the load analysis to be presented the line of contact VW is swept
across the surface of action by varyiag f until the point is reached
where the load on VW is a maximum.

From Reference 67, the load sharing ratio, the ratio of the
load carried on the line VW to the total load is

where my

3
my = — 1 (40)
‘n13+A+B

= load sharing ratio

= a function of variable dimension f

n =

A = 2 j[nlz-4kpN(kpN+2f)J3 (41)
k=1
n

B = ) jElz-4kpN(kpN-2f)J3 (42)
k=1

mean normal base pitch, in.

= a variable dimension locating the line of contact VW
with respect to the center of the surface of action, in.

= a positive integer which takes on successive values
from 1 to n, generating all real terms in the series

The dimension £ in Figure 10 is varied from -9 /2 to +1 /2 until
maximum my; is obtained. It is at this point that the scoring potential
will be the greatest,
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The length of the contact line VW is given by67

where SG
F

Z

n

Fin,
Sg = —=5 (43)
n2
length of the contact line VW, in,
face width, in.

mean length of path of contact in transverse plane, in.

length of contact normal to lines of contact, in.

The normal load on the line of contact VW is

where WJ- = normal load on line of contact VW, 1b

w = total normal loa i, 1b
consequently,

W, m
WwW. = —t N (45)
J cos ¢ cos Y

where W, = tangential load at pitch point, 1b

[ = pressure angle, deg.

Y = mean spiral angle, deg.
C. Spiral Bevel Gear Dynamics

The actual tooth load or dynamic load is greater than the static
load for exactly the same reasons as for spur and helical gears. The
dynamic load is caused by manufacturing inaccuracies, tooth deflections,
and system dynamics.
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The Tuplin method for determining the dynamic factor for spur
and helical gears is not applicable to spiral bevel gears., The dynamic
load is, instead, evaluated by the use of factors relating to the type of
dynamic load-producing function. 66

The dynamic load on spiral bevel gears is obtained from

Wy = w2 (46)

where W43 = dynamic load, lb
Ky = inertia factor
Ky = dynamic factor

The inertia factor is related to the modified contact ratio, mg.
Because there are normally several pairs of teeth in contact simulta-
neously, load transfer is smooth and the inertia factor is customarily
taken as unity.66'68 However, if mg is less than 2, load transfer s
no longer smooth, the rotating velocities are variable, and gear inertia
becomes a factor in the dynamic load. For a modified contact ratio of
less than 2, the inertia factor is taken as Ki = 2/mg.

The dynamic factorb is defined by the same AGMA formulas for

Ky1 and K5, i.e., Equations (20) and (21), respectively. As in the
case of helical gears, the factor Ky3 is not used for spiral bevel gears.
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CHAPTER VI
BASIC SCORING PREDICTIVE DATA

A. Disk Test Program

As mentioned in Chapter I, the prediction of the scoring-limited
performance of gears at the design stage is a far more difficult task
than the mere avoidance of gear scoring by design without regard to the
performance penalty to be paid. In order to make such a prediction, it
is necessary to devise a suitable predictive scheme and to develop cer-
tain quantitative data that are required in the predictive process.,

The formulation of the predictive scheme can be approached
essentially in three ways. One way is to lay out a scheme that is as
completely rational as possible, regardless of how complex it is, How-
ever, for reasons enumerated in Chapters II through V, the current
state of the art does not permit this level of sophistication without a
great deal of further work on the basic mechanism of scoring, the
thermal behavior involved, as well as the influence of gear mechanics,
The second way is to approach the problem in a primarily empirical
manner, such as the current AGMA gear scoring design guide,3 which
involves assumptions that are basically arbitrary. The third alterna-
tive is to devise an interim scheme which recognizes the importance
of the above-mentioned basic problems, but accepts approximations
without waiting for definitive answers to these basic problems. One of
the requirements of this program is that the predictive scheme to bc
developed should be simple enough for the practical engineers to u-e
without having to resort to elaborate computer programs; but yet repre-
sent a tangible advance beyond the current state of the art. The third
alternative is believed to satisfy this requirement best, and is there-
fore the one adopted herein.

The proposed predictive procedure entails two basic steps, The
first step is to estimate the ideal scoring-limited power-transmitting
capacity for a gear set assuming no tooth misalignment and dynamic
load. The second step is to apply corrections for the misalignment
and dynamic effects, thus enabling an estimate to be made of the actual
scoring-limited power-transmitting capacity when misalignment and
dynamic load are inevitably present. This chapter of the report will
be concerned with the development of the basic data for predicting the
ideal scoring-limited power-transmitting capacity. The prediction of
the actual scoring-limited power-transmitting capacity will be taken
up in the next chapter.
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The data to be presented in this chapter were generated from
controlled sliding-rolling disk tests. The bulk of the basic informa-
tion was deduced from 187 disk tests performed under this program,
using a modified Caterpillar disk tester herein designated as SwRI
disk tester A for convenience, carburized AISI 9310 steel test disks
of 10 different surface characteristics, a MIL-L-7808G synthetic oil
(Oil F) and a MIL-L-23699 synthetic oil (Oil E), under a variety of
test conditions.

The 10 disk types of different surface characteristics are
herein referred to, for the sake of brevity, as follows:

Type l - Soft circumferentially-ground, plain
Type 1A — Soft circumferentially-ground, oxided

Type 3 ~— Rough circumferentially-ground, plain
Type 3A — Rough circumferentially-ground, oxided

Type 5 — Honed, plain
Type 5A — Honed, oxided
)
Type 7 - Rough cross-ground, plain
Type 7A — Rough cross-ground, oxided

Type 9 — Smooth circumferentially-ground, plain
Type 9A — Smooth circumferentially-ground, oxided

The "plain" disks are those which were not surface-treated after the
grinding or honing process., The '"oxided' disks were treated with a
black oxide by a proprietary process after grinding or honing (App. D).
The average surface characteristics of each type of test disk pairs are
given in Table D-1, The properties of the test steel and test oils are
given in Appendixes A and B,

Some of the test results from the above disk test program, as
well as some other results obtained from SwRI disk tester A have been
reported earlier in the literature.25,28 For the purpose of this report,
supplementary information was also extracted from tests performed
on an AFAPL disk tester26, 32 herein designated as SwRI disk tester B
for convenience; published results from a Thornton disk tester;24, 29
as well as other unpublished results of disk tests conducted in the
authors' laboratory,

A brief description of SWRI disk tester A, test conditions and
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procedure, and a summary of the test results from this program are
presented in Appendix D, These results, together with the results
from other sources as mentioned above, will be examined at some
length in the subsequent sections of this chapter., However, some
cursory remarks of a general character appear pertinent at this
juncture.

Of the 187 tests reported in Appendix D, 133 tests were per-
formed with Oil F (MIL-L-7808G) and 54 tests with Oil E (MIL-L-
23699). Viewed in another way, 98 tests were performed with the
plain disks, while 89 tests were performed with the oxided disks. It
is of interest to inquire how the test oil and the surface treatment
influence the scoring-limited performance under otherwise comparable
conditions,

In attempting to answer the above question, it should be recog-
nized that scoring is a highly scattered phenomenon, and the scoring
loads observed in even the best controlled, replicate disk tests may
vary in the range of 3 to 1 or more under ostensibly identical test con-
ditions,20- 32 Consequently, in order to answer the above question
with real confidence, a large number of replicate tests must be per-
formed for each disk-oil combination and each set of test conditions;
and the results must be analyzed statistically. The performance of a
large number of replicate tests was not feasible in a program of
limited size when so many variables must be varied. It was therefore
necessary to conduct the disk tests based partially on prior experience
as to the relative importance of the many variables involved, and
partially on the major emphasis of the overall program. The number
of tests conducted for each disk-o0il combination, covering all sets of
test conditions, is presented in Table D-2. For each disk-o0il combi-
nation, the number of tests conducted for each set of test conditions
may be deduced from Tables D-3 to D-23, which also present the
results at scoring or at test termination for each test.

In Tables D-3 to D-23, a quantity of special interest, i.e.,the
critical temperature, Tcr, for each set of replicate tests is derived
by the Weibull analysis.70 However, for the sake of convenience, the
normal load reached at scoring, W, is reported only in terms of an
algebraic average.

Effect of Test Oil, Figure 12 compares the average scoring
load, W¢ (i.e., the average W in Tables D-3 to D-23), of Oil E with
that of Oil F, for those disk-oil-test variable combinations where
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Figure 12. Effect of test oil on average scoring load
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comparative results are available. In this figure, the results from

the different disk types are represented by different symbols, using

the hollow symbols for the plain disks and the solid symbols for the
oxided disks. Although the test conditions are not shown in the figure,
nor is this information necessary for the present comparison, each
plotted point gives the Wf of Oil E as ordinate vs. the corresponding

Wg of Oil F as abscissa. It is obvious that if the two oils should give
equal performance, then regardless of the disk type and test conditions,
all plotted points would lie on the diagonal line shown,

The fact that these points show a great deal of scatter is largely
a matter of statistics. As mentioned earlier, only relatively few tests
could be run for each disk-oil-test variable combination. As a matter
of fact, of the 5 points that lie above the diagonal line, 4 had only one
test conducted on Oil E while the remaining point had only 2 replicate
tests. Since the range of scatter of the scoring load can be as large
as 3to ]l or more as mentioned before, not much confidence should be
attached to these points. Thus, taken as a whole, the figure suggests
that the scoring load of Oil E is lower than that of Oil F, despite the
fact that Oil E has a higher viscosity than Oil F. A similar result was
also observed in tests conducted with SwRI disk tester B using different-
size test disks, with Oils E and F and another straight mineral oil of
still higher viscosity.26 It was found that the scoring load was actually
highest with Oil F, intermediate with Oil E, and lowest with the
straight mineral oil, under otherwise identical test conditions. The
fact that oil viscosity as such affects the scoring load the ""wrong'' way
is clear indication that elastohydrodynamic lubrication is not meaning-
ful in controlling scoring as previously stated in Chapter 1I. Indeed,
examination of Tables D-3 to D-23 will show that the computed EHD
film thickness ratio, A, for all except a very few tests was substan-
tially less than unity. The ratio A reported in these tables was based
on the computed hy, by Equation (4) without applying side flow and
inlet shear thermal corrections, and the composite surface roughness

of the disk pair at scoring as defined by Equation (B-2) in Appendix B.
The few instances with A > 1 all occurred at V¢ 2 1080 ips, when the

inlet shear thermal correction would be expected to be more significant.
Moreover, the effect of inlet starvation, even if small in the disk tests,
was not, nor could it be, accounted for. Besides, it was very difficult
to measure accurately the surface roughness of the disks after they

had scored. Finally, the definition of the composite surface roughness
of the disk pair is, ifter all, quite arbitrary in this or any other work,
so that A is normally expected to be greater than unity when full,
classical elastohydrodynamic lubrication ceases to exist. Considering
all these factors, as well as the preponderance of the A < 1 values
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obtained in all other tests, there can be little doubt that scoring oc-
curred in the boundary lubrication regime as emphasized from the
theoretical standpoint in Chapter II.

The fact that Oil E gave less scoring protection than Oil F,
despite its higher viscosity, emphasizes the importance of surface
chemistry in controlling scoring—a boundary lubrication phenomenon.
No attempt has been made to draw a ""weighted' curve in Figure 12 for
the W¢(E) vs. Wf(F) results, because their relationsip is not simple,
but depends on the operating conditions. This fact will be obvious
from the subsequent sections of this chapter.

Effect of Surface Treatment. The effect of surface treatment
is presented in Figure 13, in a similar manner. As in the preceding
case, there is a great deal of scatter in the results, and the statistics
are generally weak, Nevertheless, if more weight is given to those
points with greater number of tests for both the plain and oxided cases,
one must conclude that the W¢ with the oxided disks is generally lower
than the W with the plain disks. Again, the reason will be obvious
later.

The use of black oxide surface treatment appears to be detri-
mental from the scoring standpoint, except with cross-ground disks to
be discussed later. However, this detrimental effect is, in all likeli-
hood, not significant in actual gears, because the practical limit of
scoring for actual gears is generally more advanced than in the disk
tests where the ''true'' incipient scoring can more readily be detected
and identified. At a more severe level of scoring, the thin black oxide
layer is apt to be worn off, so that the actual gears, whether oxided
or not, are apt to behave as if there were no black oxide present so
far as scoring is concerned. The practical advantages of the black
oxide treatment are apparently that it serves as a rust preservative
in storage, and that it is a very useful aid in checking the accuracy of
gear manufacture or assembly. If the gear alignment is poor, or if
the surface contour is not correct, the wearing off of the black oxide
layer provides a convenient visual indication,

Effect of Surface Texture. Before leaving Figures 12 and 13,
it is of interest to note that, despite their statistical weakness, there
appears to be a tendency for the cross-ground disks to behave better
when a black oxide layer is present. It is speculated that if the black
oxide should offer any advantage, it would be more apt to show up with
cross-ground disks because the grinding grooves, which are normal
to the sliding motion, tend to retain the black oxide better. Apart
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from this, it will be seen later that cross-ground disks give a lower
coefficient of friction than circumferentially-ground disks of equal
composite surface roughness even without a black oxide treatment,
possibly due to micro-EHD action.40-42 This is of course beneficial
from the scoring viewpoint, 25 and by inference from the viewpoint of
rubbing wear also. There is also evidence that the presence of the
micro-EHD film is beneficial from the viewpoint of pitting as well,7]

Now, since sliding in gears usually takes place normal to or

nearly normal to the grinding grooves, the possible advantage suggested

by the cross-ground disks, particularly in the presence of a black oxide
treatment, is certainly worth investigating. Unfortunately, due to cost
and disk delivery cunsiderations, only very few tests were run with
cross-ground disks in this program.,

B. Critical Temperature

As originall; postulated by Blok,16,17 and subsequently de-
fended by him, 23,27 the critical temperature, i.e., the maximum
instantaneous surface temperature in a sliding-rolling conjunction for
scoring to occur, is a function of the metal-oil combination but inde-
pendent of the surface characteristics and operating conditions. On
the other hand, there is a large volume of experimental disk test
data9,10,20-22,24-26,28-30 to show that Blok's constant critical tem-
perature hypothesis is not strictly true. This controversy cannot be
resolved on theoretical ground. However, as a practical design index,
much depends upon how much accuracy or statistical confidence one
wishes to attach to the scoring prediction. It is the authors' current
thinking that elaborate refinements on the critical temperature is
justified in the scoring prediction of sliding-rolling disks; but not for
gears mainly because of the pronounced effects of tooth misalignment
and dynamic load, the magnitudes of which, as will be seen in the next
chapter, can only be reasonably well inferred, but not accurately
established, at this time,

The authors have shown25, 26, 28 that the effects of surface
characteristics and operating variables on the critical temperature
of a given metal-oil combination can be satisfactorily expressed by

Ter = F(L, M) (47)

where F = an experimentally determined function, and
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M = Z_s (49)
Vi
where V;, = sliding velocity, ips
V¢ = sum velocity, ips
L = a dimensionless parameter
M = sliding-to-sum velocity ratio
R = equivalent radius of curvature of the conjunction, in,
O,y = maximum Hertz stress in the conjunction, psi
B, = oil viscosity at the conjunction inlet, Ib-sec/in.2

Equation (47) is extremely difficult to apply to practical gear
design. This is partly because yo is very sensitive to the oil tem-
perature at the conjunction inlet, To, and thus difficult to estimate
accurately. Also, Omis difficult to estimate because misalignment
and dynamic effects cannot be accurately quantified. Therefore, for
the present purpose, a simpler approach which requires no estimates
of these quantities, is being proposed.

Oil F, The critical temperature data for Oil F (MIL-L-7808Q)
in combination with AISI 9310 steel are presented in Tables D-3 to
D-13 for the different disk types and operating conditions, Consider
the plain, rough circumferentially-ground disks (Type 3) for the time
being, the effects of Vg and V¢, at three constant M values, are pre-
sented in Figures 14 and 15, respectively.

In Tables D-3 to D-13, data for the scoring temperature, T,
for all individual sets of replicate tests, at 10-percent probability by
Weibull analysis, are given, together with their 90-percent confidence
limits. These are shown in the two figures by appropriate symbols
and vertical bars, except that they are now designated as Tf as a
matter of clarification. The symbol T., is8 now reserved to represent
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a constant critical temperature by pooling all of the data on Oil F-
Disk Type 3 combination together by a similar Weibull analysis. The
point for Vg = 120 ips and M = 0.2 signifies that its Tf is higher than
shown, since no scoring was obtained (Tests F130, F186, F187,
Table D-5).

Close examination of the data presented in the two figures will
show that Tf does indeed vary with Vg at constant Vi, and also with
Vi at constant Vg, as previously reported.25, 26,29 However, it is
evident that these variations are generally not significant when com-
pared with the confidence limits involved. In view of this fact, the
pooled result of all 61 tests for this particular metal-oil combination -
at 10-percent scoring probability can be regarded as constant and
independent of operating conditions, defined herein as its critical tem-
perature, Tcyr. Inthis case, Tcyr = 450°F and the lower and upper
90-percent confidence limits are 415°F and 488°F, respectively.

While the above analysis supports Blok's hypothesis on a sta-
tistical basis so far as the effect of uperating variables are concerned,
it has been found that the effect of surface roughness appears more
significant and can, at any rate, be conveniently accounted for. This
situation is summarized in Table 3, which includes data not only from
this program; but also from other tests on similar metal-oil combi-
nations performed in the authors' laboratory. Among these other
tests, those on Type X disks (circumferentially-ground) were con-
ducted also with SwRI disk tester A, while those on Type Y disks
(honed) were conducted with SwRI disk tester B. Note that the number
of tests included in the pooled Weibull analysis does not necessarily
correspond with the number of scored tests given in Table D-2. This
is because some of the unscored tests at high loads were treated in
the Weibull analysis as suspended tests.

Figure 16 presents the above results in graphic form. Note that
the critical temperature, Tcr, quite consistently decreases with in-
creasing the initial composite surface roughness of the disk pair, §;; .
and is generally lower for the oxided disks than for the plain disks,
Moreover, within the 90-percent confidence limits, neither the surface
texture (i. e., whether the surfaces are circumferentially-ground,
cross-ground, or honed) nor the small variation of surface hardness .
makes a significant difference. Accordingly, since more tests are
available for the plain disks, its T., vs. §; line has been established
by linear regression. The line for the oxided disks is then drawn
parallel to that for the plain disks, giving some weight on the statis-
tical distribution. The equations for the two straight lines are
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TABLE 3.

CRITICAL TEMPERATURE FOR OIL F

AND AISI 9310 STEEL DISKS

No. of Confidence

Disk Oi» tests in Tcr, limits, °F
type gin. R¢ M analysis °F Lower Upper
Plain disks

1 26.0 58 0.556 5 425 386 468
3 24,0 62  Mixed 61 450 415 488
7 23.5 62 0.556 6 480 402 574
X 15,2 62 0.333 5 408 345 483
9 9.5 62 0. 556 3 530 362 775
Y 6.0 62 Mixed 86 490 458 524
5 5.5 62 0.556 3 560 532 590
Oxided disks

1A 26.0 58 0.556 4 330 290 372
3A 24,0 62 Mixed 27 355 292 432
TA 23.5 62 0.556 4 445 393 504
9A 9.5 62 0.556 6 440 304 636
5A 5.5 62 0.556 5 500 403 620
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Plain surfaces: T s 540 - 3.80 §; (50)

i

Oxided surfaces: T 460 - 3.806; (51)

cr

critical temperature for Oil F and AISI 9310 steel
combination, °F

where Tcr

6, = initial composite surface roughness of the mating
surfaces, gin. AA

The above equations can of course be criticized for not using
the prevalent composite surface roughness at the moment of scoring.
The reasons for using here the initial value, 6;, are several. First,
the prevalent surface roughness, though theoretically correct, is dif-
ficult to measure even on disks; and the after-scoring measurement is
not necessarily the correct one since tests cannot be stopped instanta-
neously and some or severe surface deterioration inevitably occurs in
the stopping process. Second, in practice, the initial surface rough-
ness of gears can be measured; but the surface roughness in service
depends on the length of service and operating conditions, and is thus
a nebulous quantity. Third, if the gears are properly broken in and
put into service, the surfaces generally become smoother. Thus,
scoring is most prone to occur when the gear set is first run under
the design conditions; and once this hurdle is crossed, scoring is not
likely to occur unless the operating conditions are drastically made
more severe. Considering these factors, it is felt that 6; is more
within the control of the designer and is usually the critical quantity
to watch. Of course, if a prescribed break-in procedure is followed,
the surface roughness after the break-in would be a better figure to
use if it is measured, oritcan be estimated if not measured such as by
the relationship reported in Reference 25, In those instances where
severe operating conditions are anticipated after extended service, it
is certainly wise to measure the surface roughness before that occurs,
and use what amounts to the 6; for that new set of operating conditions.

Qil E. The critical temperature data for Oil E (MIL-L-23699)
in combination with AISI 9310 steel, given in Tables D-14 to D-23 in
Appendix D, may be treated similarly. Table 4 presents a summary
of the data based on these results, plus data from Type Z disks (cir-
cumferentially-ground) of a similar metal-o0il combination obtained
also with SwRI disk tester A.

It should be noted that the data for Oil E arve statistically much
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TABLE 4. CRITICAL TEMPERATURE FOR OIL E
AND AISI 9310 STEEL DISKS

No. of Confidence

Disk 6i, tests in Ter limits, °F
type gin. Rc M analysis °F Lower Upper
Plain disks

3 24.0 62 0.333 1 406 - -
7 23.5 62 Mixed 6 573 479 685
Z 16,7 62 0.333 5 480 426 540
9 9.5 62 Mixed 5 572 516 634
5 5.5 62 0.333 3 440 413 468
Oxided disks

3A 24,0 62 Mixed 18 340 276 419
9A 9.5 62 Mixed 7 350 309 468
5A 5.5 62 Mixed 8 345 252 473
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weaker than for Oil F presented in Table 3, Consequently, some
liberty must be taken in treating these data, The two straight lines
drawn in Figure 17 are based on the assumption that the slope of the
two lines is the same as that in Figure 16, while giving some weight
to statistics., With this assumption, the equations for the two straight
lines are

I

Plain surfaces: T 515 - 3.806; (52)

cr

Oxided surfaces: T 415 - 3.806; (53)

cr

critical temperature for Oil E and AISI 9310 steel
combination, °F

i

where Tcr

6; = initial composite surface roughness of the mating
surfaces, pin. AA
C. Coefficient of Friction

Apart from the critical temperature, the coefficient of friction
is another primary parameter in controlling scoring. For general
performance analysis, the friction behavior through the entire range
of EHD to boundary lubrication is of interest. However, for scoring
analysis, emphasis shoulc clearly be on the boundary friction regime.

Attempts to gencralize the friction behavior of sliding-rolliag
systems havenotbeen fruitful.9,10 This is because friction is not only
exceedingly difficult to determine accurately by experiment, but also
equally difficult to understand theoretically., Consequently, empirical
approach has been necessary, and considerable uncertainties must be
expected.

The authors have attempted to correlate the coefficient of fric-
tion of sliding-rolling disks with the dimensionless parameters { and
M mentioned in the preceding section of this chapter., But due essen-
tially to the same reasons, this method has been found to be most dif-
ficult to employ in practical gear design. Accordingly, a simpler
correlation was proposed recently,28 which will be used herein.

Oil F. Figures 18 and 19 for Oil F and plain, circumfer-

entially-ground and cross-ground, AISI 9310 steel disks are taken from
Reference 28 to illustrate the nature of the correlation. In these
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figures, the coefficient of friction, f , is related to the quantity WVS'%,
where W is the normal load, 1b, and V5 is the sliding velocity, ips. It
should be remarked that literally hundreds of data points are available
not only from the disk scoring tests, but also from a great deal of
additional friction measurements, However, for the sake of clarity,
only very few "extreme values'' are shown in the figures to indicate
the scatter involved, which is about #20 percent from the average
curves at high values of WVg-3 (a range of greater interest in scoring
prediction) and about £40 percent at low values of WVg-3, Within this
acattir range, it is seen that f bears an approximate relationship to
WV;-3.

By conlaparing the two figures, it will be noted that at the same
value of WVg-3, { is somewhat lower with the cross-ground disks than
with the circumferentially-ground disks, even though the composite
surface roughness of the cross-ground disks was slightly greater,
This could be due to a micro-EHD etfect.25

Figures 18 and 19 wer e based on partial data available in 1973,
The more complete, updated results are nnw presented in Figure 20,
for all 10 disk types investigated. For the sake of clarity, these up-
dated results are presented herein merely as average curves, by
omitting the data points., Note that with more data on the rough, cir-
cumferentially-ground disks (Type 3), the average 6; is raised, as is
the average f. Otherwise, the general trends and maximum scatter
are about the same as in Figures 18 and 19,

Figure 20 reveals two items of major interest. First, with the
exception of the cross-ground disks, the coefficient of friction is not
measurably influenced by the black oxide surface treatment. The sub-
stantially lower f observed for the Type 7A (oxided, cross-ground)
disks is based on data from only 4 scoring tests with Oil F (Table
D-11). However, 2 other tests run on Type 7A disks with Oil E (Table
D-21) gave similar results. These data are admittedly skimpy; but
the enormous effect observed is certainly intriguing. As suggested in
the preceding section, this effect could be due to the fact that the
grinding grooves normal to the sliding direction tend to help retain
the black oxide in the grooves. A similar mechanism is not present
for all other surface textures.

The other item of interest is that the value of f on the flat por-
tion of each curve, where f could be determined more accurately,
generally increases with increasing the composite surface roughness
of the disk pair. However, one wonders what effects the surface
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texture and hardness might have on the friction behavior. These
latter effects will now be examined.

Figure 21 portrays the relationship between the flat-value f
and §;j, without including the data for Type 7A disks. In the absence
of more data, it is believed logical to infer that the effect of 8; on f is
best represented by a straight line through the points for the smooth
circumferentially-ground (Types 9 and 9A) and rough circumferentially-
ground (Types 3 and 3A) disks. If this inference is correct, then the
higher f for the soft circumferentially-ground disks (Types 1 and 1A)
appears to be largely due to their lower case hardness. The lower
f for the cross-ground disks (Type 7) then appears to be due to a
micro-EHD effect suggested previously. Finally, the lower f for the
honed disks (Types 5 and 5A) appears to be due to their ''neutral
texture,' a surface texture which does not provide leakage paths for
the oil in the conjunction as does the circumferentially-ground
grooves,

It should be remarked that the general level of f shown here
is much lower than that assumed in the AGMA gear scoring design
guide,3 and the effect of surface roughness on f is also less. A
detailed comparison of the AGMA friction behavior with that observed
here is presented in Appendix E for the sake of convenience. It is only
necessary to state that the level and trend observed in this work are
generally consistent with those obtained for the same and other oil-
disk combinations on both SwRI disk testers A and B’ZS, 26, 32 as well
as those reported on mineral oils and different disks using the Thornton
disk tester.24,29, 72

In order to adapt the information presented in Figures 20 and
21 to computer programs, one way is to use first the data from
Figure 20 recognizing that they apply only to the particular §; values
specified, and then apply a correction for the effect of §; by assuming
the same f vs. 8; slope for all surface textures as that for the cir-
cumfereuniially-ground case shown in Figure 21, Another way is to
approximate the curves in Figures 20 and 2] by straight lines, so that
the variations can be written as equations for convenience.

For this approximation, it is assumed that each curve in
Figure 20 may be represented by a horizontal line (i.e., constant f)
for WVg-32 200, and by an inclined straight line (i.e., an exponential
variation of f with WVs'%) for WVs'% < 200 lb-sec‘}/in.‘!' The slope of
the f vs. §; line in Figure 21 is 0.00007 per yin. AA. Using these
values it can be readily shown that the friction equations for Oil F and
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AISI 9310 steel combination are as follows,

For plain an:1 oxided circumferentially-ground surfaces:

T
£ = (0.0920 + 0.00034 6;) (wv, )03
i
at Wv,-3 <200
f = 0.0188 + 0.00007 6,

L
at Wvg~? 2 200

For plain cross-ground surfaces:

i
£ = (0.0755+ 0,00034 §;) (Wv,~3)0-3
1
at WVg~3 <200
£ = 0.0154 + 0,00007 &,

1
at WV =3 2 200

For oxided cross-ground surfaces:

1
£ = (0.0407 + 0.00034 6;) (Wvg~2)~03
1
at WVg "3 <200
f = 0.0083 + 0.00007 b

e

at Wvg~3 2200

For plain and oxided honed surfaces:

-3,-0.3

e
I

(0.0789 + 0.00034 §;) (WVg ?)

1
at WVg-3 <200

89

(54)

(55)

(56)

(57)

(58)

(59)

(60)




f = 0.0161 + 0,00007 6,

Y
at WVg~? 2200 (61)

In Equations (54) to (61), W = normal load, lb; Vg = sliding velocity,
ips; and 0; = initial composite surface roughness of the mating sur-
faces, pyin. AA. The reasons for using the initial composite surface
roughness were given in the preceding section.

Oil E. Within the precision of the friction measurements, the
friction behavior of AISI 9310 steel disks is substantially the same with
Oil E as with Oil F. Equations (54) to (61) are therefore also recom-
mended for use wiih Oil E and AISI 9310 steel combination.

D. Surface Temperature

According to the critical temperature hypothesis (Chap. 1I,
Sect. B), the scoring-limited power-transmitting capacity 18 controlled
by the maximum rise of the instantaneous surface temperature in the
conjunction, AT. Assuming that the critical temperature, Tcy, is
known, it is then necessary to estimate the quasi-steady surface tem-
perature, Tg, in order to arrive at an estimate for AT,

The value of Tg is determined by the frictional power loss in the

conjunction and the heat loss to the environment by various heat trans-
fer processes, The frictional power loss is defined as

& = fWVg/9336 (62)

where ¢ = frictional power loss, Btu/scc
f = coefficient of friction
W = normal load, 1lb
Vg = sliding velocity, ips

The heat transfer processes vary, of course, with the system con-
figuration and operating conditions.
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The authors showed in a recent publication28 that for a specific
system configuration and operating conditions, in steady operation,
the following approximate relationship holds:

Tg - T; = Cé" (63)
where Tj = oil jet temperature, °F
C,n = fitting constants

Figure 22 illustrates such a relationship28 for SwRI disk tester A,
using a "horn'' to supply the test oil to the exit side of the conjunction
and halfway around both disks (Fig. D-1, App. D). Plain, rough
circumferentially-ground (Type 3) and cross-ground (Type 7) disks
were used. The test oil was Oil F, the total oil flow rate was 20 gpm,
and T; was 140°F and 190°F. The operating conditions (i.e., Vg, V¢,
and W) were varied over a wide range. For the sake of clarity, the
plotted points do not include all available data; but they do portray the
maximum scatter of the data, which are due largely to errors

in the friction measurement as explained in the preceding section,
Note that within the experimental scatter, the relationship is as shown
by Equation (63); and this relationship is not systematically influenced
by the disk type, the oil jet temperature, or the operating conditions.

Figure 23 presents the more complete data for SwRI disk tester
A, using both Oil E and Oil F, supplied by the horn at 20 gpm total
flow rate, at 140°F and 190°F jet temperatures, all 10 disk types
investigated in this program; and with test conditions widely varied.
Again, the plotted points indicate the maximum scatter observed. It
is seen that, within the scatter range, the data exhibit an almost
identical exponential relationship as that shown in Figure 22 —a rela-
tionship essentially unaffected by the disk type or surface character-
istics, the oil or the oil jet temperature, or the operating conditions.

Figure 24 shows the trends computed from data reported by
Bell and Dyson,24,29 using the Thornton disk tester. The test disks
were straight cylindrical disks made of EN 34 steel, at two levels of
surface finish, F. A straight mineral oil and the same o0il with an
EP additive were used. The oil was supplied by means of two jets,
located on the inlet and exit sides of the conjunction. The tests
covered two T; and total oil flow rate combinations; and the test con-
ditions were widely varic d. It is seen that an exponential relationship
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also holds, one for each oil flow rate; and each such relationship is
not significantly affected by the oil or the oil jet temperature, the
surface finish of the disks, or the operating conditions,

The preceding figures serve to show that the (Tg - Tj) vs. ¢
relationship is essentially exponential and not affected by the disk
material, disk surface characteristics, and oil type; and, within the
range of the investigation, not affected also by the oil jet temperature
and operating conditions. In other words, while these factors are
expected to affect the magnitude of friction, they do not appreciably
affect the relationship between (Tg - Tj) and ¢ since friction enters the
makeup of both (Tg - Tj) and ¢ almost similarly. On the other hand,
the quantitative behavior is seen to be significantly influenced by the
oil flow rate and, by implication, the disposition of the oil jet and the
system design, i.e., by those considerations which control the overall
heat rtransfer from the disks. This latter situation is well illustrated
by Table 5.

In compiling the information presented in Table 5, it was found
that the data shown in Figures 22, 23, and 24, as well as those to be
discussed, all yield a value of n of about 0,80 in Equation (63); but the
value of C depends on those factors which influence the overall heat
transfer. In other words, Equation (63) may now be written as

Tg - Tj = C ¢80 (64)

and the constant C is the sole parameter which reflects the system's
thermal characteristics. For example, the data for SwRI disk tester
A with the horn oil jet at a total oil flow rate of 20 gpm (i.e., Figs.

22 and 23) represent Case 10 in Table 5, and the corresponding value
of C is 55, The data for the Thornton disk tester with inlet-exit oil
jets (Fig. 24) yield C = 285 at a total oil flow rate of 0.30 gpm (Case 6),
and C = 200 at a total cil flow rate of 0. 38 gpm (Case 7).

The variation of C shown in Table 5 with the oil flow rate is
presented in Figure 25. Note that the value of C is generally highest
with the Thornton disk tester, intermediate with SWRI disk tester B,
and lowest with SwRI disk tester A—reflecting the influence of design
on system heat transfer. Note further that with the same SwRI disk
tester B at two constant oil flow rates, the exit jet location gives a
lower valueof C,or more effective cooling, than the inlet jet location.
While this latter effect is believed to be real and is apparently also
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TABLE 5. VALUE OF C FROM THREE DISK TESTERS

Oil 0il
Disk jet Disk. Disk 0il 'fi:: flow,

Case tester type material type type gpm C
1 SwRIB Inlet AISI 9310 Honed Oil F 190 0.033 360
2 SwRIB Inlet AISI 9310 Honed Oil » 190 0.25 180
3 SwRIB  Exit AIS1 9310 Honed Oil F 190 0.033 260
4 SwRIB Exit AISI 9310 Honed Oil F 190 0.25 130
5 SwRI A  Exit SAE 8620 Circ. Mineral Varied 0.50 125
6 Thommton In-exit EN 34 Circ, Mineral 104 0,30 285
7 Thornton In-exit EN 34 Circ. Mineral 169 0.38 200
8 SwRIB Horn AIST 9310 Honed Oil F 190 2.5 100
9 SwRIB Horn AISI 9310 Honed Oil F 190 10 100

10 SwRIA Horn AISI 9310 Varied E&F Varied 20 55
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experienced in gear operation, a single curve is herein drawn for

SwRI disk tester B to emphasize the major trends, namely, the oil
flow rate and the tester design. Finally, the effect of oil flow rate
on C is quite marked at low flow rates, and generally tends to level
off at high flow rates.

It is believed that Equation (64), with the value of C judiciously
selected (such as from Fig. 25 or further refined data), gives a tangi-
ble basis for estimating the value of Tg. In the AGMA gear scoring
design guide,3 an implied assumption is that Tg is equal to Tj. It is
obvious from the data presented herein that this assumption is far
from being true.

E. Conjunction-Inlet Oil Temperature

The temperature of the oil at the conjunction inlet, To, is of
interest mainly in elastohydrodynamic film thickness calculations
(App. C). Although EHD film thickness will not receive emphasis in
this report for reasons given in Chapter II, Section C, information
for estimating Ty is presented for the sake of completeness,

Figure 26 shows the variation of (T, - Tj) with ¢ previously
reported¢8 for SwRI disk tester A, Types 3 and 7 disks, Oil F supplied
by the horn at 20 gpm flow rate, at Tj = 140°F and 190°F. Figure 27
presents the more complete results for the same tester and horn,
same T;j and oil flow rate, Oil E and Oil F, and the 10 disk types.

Note that substantially the same exponential relationship is shown in
these figures. This relationship may be represented by

0

To-Tj = Co¢o.8 (65)

conjunction-inlet oil temperature, °F

where T,

Tj = oil jet temperature, °F
¢ = frictional power loss, Btu/sec
C, = a fitting constant

By comparing Figures 26 and 27 for (T, - T;) and Figures 22
and 23 for (Tg - Tj ), it will be found that
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C, = 0.70C (66)

is a very good approximation over the range of variables investigated.
Equation (65) gives a tangible basis for estimating the value of

To. It is seen from Equation (66) that the assumption of either T, = T;
or To = Tg, as commonly used, is not satisfactory.
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CHAPTER VII
GEAR SCORING PREDICTION

A, Basic Procedure

It was noted in Chapter II, Section B, that the mechanism of
scoring is still basically not understood. However, phenomenological
observations to date suggest that it is probably triggered by a thermal
interaction between the relatively moving surfaces; and that among the
several thermal scoring models that have been proposed, the critical
temperature model appears to be the most plausible and promising. It
was also noted that apart from the need for establishing a meaningful
critical temperature criterion, the prediction of the scoring-limited
power-transmitting capacity of gears further requires a consideration
of the important influences of gear mechanics —a subject whose com-
plexity was broadly indicated in Chapter II, Section F, and further
discussed in Chapters III, IV, and V.

In view of the aforementioned problems, it was concludeu =
Chapter VI, Section A, that a completely rational procedure for pre-
dicting the scoring-limited power-transmitting capacity of gears is
not now possible. On the other hand, an essentially empirical pro-
cedure, such as the AGMA gear scoring design guide,3 certainly leaves
much to be desired. Accordingly, an interim predictive scheme, which
recognizes the importance of the above-mentioned problems but accepts
certain necessary approximations, appears to be the only viable ap-
proach.

The predictive scheme to be discussed herein can readily be
applied to practical gear design. It is assumed that the scoring
behavior of gear teeth follows the same phenomenological behavior
of sliding-rolling disks, except for the effects of gear mechanics. This
assumption implies that the basic data derived from steady-operating
sliding-rolling disks (Chap. VI) mnay be applied to the transient process
of the gear-tooth action, provided the effect of gear-tooth dynamics can
be isolated and taken into account. Additionally, it is implied that the
effect of gear-tooth misalignment can also be isolated and accounted
for. These assumptions are difficult to defend from a rigorous theoret-
ical standpoint, and as such they are ""approximations' being forced
upon the problem by the current state of the art. Refinements or re-
visions of the technique are naturally possible; nevertheless, the
results thus far obtained appear quite plausible. The analysis also
shows that thermal behavior, gear-tooth misalignment, and gear-tooth

102

15 W2 N P T W A O e WY

e v



dynamics exert major impacts on the scoring-limited power-
transmitting capacity of gears.

The basic premise of the proposed gear scoring predictive
method may be stated by the equation

Py = PS54 (67)
where P = actual scoring-limited power-transmitting capacity, hp
P; = ideal scoring-limited power-transmitting capacity, hp
S, = misalignment factor

Sq4 = dynamic factor

In other words, the proposed preuictive procedure entails, in
effect, two basic steps. The first step is to estimate the ideal scoring-
limited power-transmitting capacity of a gear set, by considering the
thermal effect and assuming perfect tooth alignment and no dynamic
load. The second step is to estimate the actual scoring-limited power-
transmitting capacity, by applying corrections for the misalignment and
dynamic effects. For the sake of convenience, the general features of
this procedure will first be considered. Some specific details related
to gear types will be discussed in the final sections of this chapter.

B. Ideal Scoring-Limited Power-Transmitting Capacity

The prediction of the ideal scoring-limited power-transmitting
capacity, Pj, of a given gear set operating under specified conditions
requires, in principle, successive comparisons of the ideal maximum
instantaneous conjunction surface temperature, T¢, somewhere in the
gear mesh, as the transmitted power is being progressively increased
at the specified gear speed and operating conditions, with the critical
temperature, Tcr, of the metal-surface-oil combination. The word
"ideal" signifies that these comparisons are being made for the assumed
case of perfect tooth alignment and static tooth load. From Equation
(1) in Chapter 1I,

T, = T4 + AT (68)
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where T¢ = maximum instantaneous surface temperature at any
point in the gear mesh, °F
Tg = quasi-steady gear surface temperature, °F
AT = maximum instantaneous surface temperature rise at any

point in the gear mesh, °F

Note that as the power level is increased at otherwise constant operating
conditions, AT increases, and its magnitude varies through the gear
mesh. At the same time, Tg also increases; but its .nagnitude remains
constant with respect to time. Consequently, T¢ also increases, and

its magnitude varies thrcugh the gear mesh, When the maximum value !
of T¢c somewhere in the gear mesh equals the critical temperature, Tcy, i
scoring occurs and the corresponding power transmitted is, by defini- i
tion, the ideal scoring-limited power-transmitting capacity of the gear
set under the specified operating conditions.

Outline of Predictive Process. The prediction of P; then com-
prises the following steps:

1. An estimate of the critical temperature, Tepe

2. At constant gear speed and operating conditions, calculate
the quasi-steady surface temperature, Tg, by progressively increasing
the power level, while assuming perfect tooth alignment and static tooth
load.

3 Similarly, calculate the maximum instantaneous surface
temperature riece, AT, through the gear mesh.

4. From Steps 2 and 3, calculate the maximum instantaneous
conjunction surface temperature, T, through the gear mesh.

5. When the maximum value of T at some point in the gear =
mesh (from Step 4) equals the critical temperature, Tcy (from Step 1),
the scoring criterion is met; hence the corresponding power transmitted
is the ideal scoring-limited power-transmitting capacity of the gear set
under the specified operating conditions. .

Input Data. The prediction process as described can readily be
carried out by means of a computer. The required equations and

numerical constants or coefficients for each step will now be outlined.

1. As noted in Chapter VI, Section B, the statistically
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defined critical temperature, Tcr, of a given metal-oil combination is
a function of the composite surface roughness of the mating surfaces,
but independent of the surface texture and operating conditions, More-
over, although the black oxide surface treatment was found to have a
substantial effect on T¢yr in the disk tests, the practical scoring level
of gears, which is generally more severe, tends to permit removal of
the thin black oxide layer so that its effect is apt to be essentially
absent in practical gears. Therefore, if the gears are made of carbu-
rized AISI 9310 steel, whether or not surface-treated with black oxide,
and if the oil is Oil F, then the critical temperature is given by Equa-
tion (50). For the same metal and Oil E, the critical temperature is
given by Equation (52).

2. The quasi-steady surface temperature, Tg, is a time-
averaged quantity, whose magnitude depends upon the frictional heat
generated at the meshing surfaces and the heat removal from these sur-
faces by various means —principally by conduction and convection. In
other words, Tg is highly dependent upon gear design, system design,
and operating conditions; and its prediction requires a quantitative
knowledge of the effects of these factors on both the frictional heat
generation andthe heat removal.

For the simple case of steady-operating sliding-rolling disk
systems, it was shown in Chapter VI, Section D, that the frictional

heat generated per unit time, or the frictional power loss, is

¢ = fWVg/9336

where ¢ = frictional power loss, Btu/sec
f = coefficient of friction
W = normal load, 1b
Vg = sliding velocity, ips

and the relation between Tg and ¢ may be approximated by the equation

Te - Tj = G080

where T; oil jet temperature, °F

J
C

a fitting constant for sliding-rolling disk systems
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The constant C in the above equation was found to depend quite mark-
edly on the rate at which the oil supplied by the jet (or jets, or horn)
impinges on the sliding-rolling disk surfaces and also the disk system

design.

When applied to gears, the quantities Vg, W, and f generally
all vary through the gear mesh, or with respect to time. Accordingly,
¢ also varies with respect to time; and it is the time-averaged ¢ that
controls the quasi-steady surface temperature. In other words, the
quasi-steady surface temperature of gears is expected to be governed
by the equation

To - Tj = C'49%° (69)

where ¢av average frictional power loss, Btu/sec

Cl

a fitting constant for gear systems

The solution to Equation (69) requires the assignment of the
magnitude of the constant C' and the evaluation of the quantity ¢ay. As
will be seen presently, the selection of the value of C' is very difficult
basically because little is known about the heat transfer processes
involved in gear operation. However, the calculation of ¢y can readily
be accomplished by an integration process which accounts for the varia-
tions of Vg, W, and f in the gear mesh. Depending upon the gear type,
the instantaneous sliding velocity, Vg, may be deduced from kinematic
analysis (Sect. A of Chaps. III, IV, V). The instantaneous static
normal load, W, may be obtained from static load analysis (Sect. B of
Chaps. III, IV, V). The instantaneous coefficient of friction, {, is a
function of WV ? and the oil and surface characteristics (Chap. VI,
Sect. C).

In Chapter VI, Section C, it was found that with AISI 9310 steel,
Oils E and F gave substantially the same friction behavior. For
practical gear scoring predictions, the effect of black oxide surface
treatment on friction will be ignored, as syggested in Step 1. Accord-
ingly, the relationship between f and WVg~3 and composite surface
roughness, for carburized AISI 9310 steel with either Oil E or Oil F,
may be approximated by Equations (54) and (55), or Equations (56)
and (57), or Equations (60) and (61), as applicable. With honed sur-
faces, the use of Equations (60) and (61) presents no complication.
With ground surfaces, the rather significant effect of the sliding
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direction with respect to the grinding grooves should be noted. For
example, with ground spur gears, the sliding motion is usually
normal to the grinding grooves; thus Equations (56) and (57) for cross-
ground surfaces should be used. On the other hand, with helical and
spiral bevel gears, the sliding motion is usually at an angle to the
grinding grooves; thus an interpolation between Equations (56) and

(57) for cross-ground surfaces and Equations (54) and (55) for circum-
ferentially ground surfaces is required. The interpolation procedure
will be explained in Sections C and D of Chapter VIII, by reference to
specific examples of helical and spiral bevel gears.

3. The calculation of the maximum instantaneous surface
temperature rise, AT, through the gear mesh utilizes basically
Equation (3), repeated herein for convenience:

L. Lllfw FATRNARY )
VE)

In applying this equation, Blok's thermal coefficient, B, is a property
of the gear steel (App. A). The instantaneous surface velocities, V)
and V2, may be deduced from kinematic analysis, The equation applies
directly to spur gears with perfect alignment, which give an instanta-
neous rectangular contact so that w is simply the instantaneous unit
static normal load. With helical gears, the equation applies to an
elemental instantaneous contact area, which may be treated as a rec-
tangle. With spiral bevel gears, the instantaneous contact area is an
ellipse; thus application of Equation (70) will require an approximation.
This is customarily done, as first suggested by Kelley,18 by replacing
the ellipse with an equivalent rectangle of the same major and minor
widths as the ellipse and the same maximum Hertz stress at the center.
In that case, the quantity w will be replaced by an '"equivalent unit load,"
which is equal to 3w/4,

Calculation of ¢y of Gears. In calculating the average fric-
tional power loss, ¢ay, in Equation (69), it should be borne in mind
that both the sliding velocity, Vg, and the normal load, W, change
cyclically through the mesh; and, by Equations (54) to (61), the coef-
ficient of friction, f, also changes cyclically through the mesh. Con-
sider, for example, a set of gears with a contact ratio less than 2, as
illustrated in Figure 2, In the course of a mesh cycle, as any one
tooth experiences its double-tooth contact in approach from point A to
point C, its preceding tooth simultaneously experiences its double-tooth
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contact in recess from point B to point D, Following this, the tooth
which has reached point C experiences its single-tooth contact from
point C to point B. After this, the next mesh cycle begins, with the
tooth which is now at point B completing its double-tooth contact in
recess from point B to point D, while at the same time a new tooth
goes through its double-tooth contact in approach from point A to
point C; and the process repeats.

The total frictional heat generated in each mesh cycle is thus

o D B
.[A o(t) at  + IB d(t) dt  + J‘C o(t) dt

~C D 1 B [ ‘ .di
[JA o'(€) de + J‘B¢(e) de + Jc $'(¢€) de] =

)

C D B 1
I o'(€) de + j o'(¢) de  + I b'(€) de | -
A B C fp

where ¢(t) = instantaneous frictional power loss expressed as a
function of time, Btu/sec
¢'(€¢) = instantaneous frictional power loss expressed as a
function of pinion roll angle, Btu/sec
n, = rotative specd of pinion, rpm

and the degrees of pinion roll angle per second is

de 360 n
e R D 6
at 60 op

Now, in each pinion revolution, as many mesh cycles take
place as there are the number of pinion teeth., Moreover, the number
of pinion revolutions per second is n,/60. Therefore, the number of
mesh cycles per second is equal to p (np/60). Accordingly, the
average frictional power loss for the gear set is
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C B D
bav = [IA d'(€) de + Ic ¢'(€) de + I ¢'(c)} (6NTP (%g)
B P

or

- € 1 B ! D ! Np
bay = [IA¢(€) de + _fc¢(€)d€ + IB¢(€) d‘] o6 (Y

where = average frictional power loss of the gear set, Btu/sec

®av

Np = number of pinion tecth

Equation (71) was derived for a gear set with a contact ratio
between 1 and 2. If the contact ratio is greater than 2, a similar
reasoning yields

' 1 Np
bay = [H«b(e) d‘Jm (72)

For a contact ratio between 2 and 3, the expression in the brackets
contains 5 terms, to be integrated over the first triple-tooth contact,
the first double-tooth contact, the second triple-tooth contact, the
second double-tooth contact, and the third triple-tooth contact,.49
Similarly, for still higher contact ratios, the number of terms in the
brackets must be correspondingly increased.

Equation (72) is generally applicable to any gear type at any
contact ratio, provided it is noted that the expression for ¢'(€) must
consider the effect of gear type on f, W, and Vg, and provided the
number of terms in the brackets is set conmensurate with the contact
ratio. The procedure for solving Equation (72) is therefore dependent
on the gear design, as will be explained in Sections D, E, and F of
this chapter, and also by reference to specific examples in Sections
B, C, and D of Chapter VIII.
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Selection of C' of Gears. The way Equation (69) is set up,
the constant C' is the sole parameter which defines the heat removal
characteristics of the gear system. The value of C' is dependent on
the heat transfer processes involved, particularly conduction and
convection from the meshing gear surfaces; and these processes are

e N
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expected to be influenced by gear design, system design, and oper-
ating conditions. Confident assessment of the value of C' requires a
detailed analysis of the heat transfer processes; and in view of the
direct dependence of (Ts - Tj) on C' in Equation (69), it is clear that
each case should be examined individually and "rules of thumb' are
difficult to apply. Unfortunately, no rational analysis of the heat
transfer behavior of gears, nr of any rotating lubricated machine
elements, is known to have been made to date.l? Therefore, for the
purpose at hand, a tentative guideline, however crude, is required.

The basis of this tentative guideline is the variation of the
constant C for sliding-rolling disk systems presented in Figure 25,
to which a ""correction' is applied to obtain the corresponding value
of C' for gear systems. As seen in Figure 25, the value of C for a
disk system is markedly influenced by the rate at which the oil supplied
by the jet (or jets, or horn) impinges on the meshing surfaces, as
well as the system design as it affects heat convection and conduction
from the meshing surfaces. For the present purpose, the curve for
SwRI disk tester B in Figure 25 will be taken as the basis for esti-
mating purposes. It will be assumed that the value of C' for any gear
system is related to the value of C for SwRI disk tester B, at the
same oil flow rate, as follows:

C' = KC (73)

where the factor K accounts for the difference in heat transfer behav-
iors between the gear system and the reference disk system. The value
of K is expected to depend on the gear design, system design, and
operating conditions. In general, the oil which is supplied by the jet
(or jets, or horn) impinges directly on the meshing surfaces of the
disks where frictional heat is generated, and thus performs the best
job of removing the frictional heat by convection. This is not so with
gears, because the oil jetted toward the gears usually cannot penetrate
deep into the gear mesh and tends to break up or atomize due to gear
rotation. Moreover, the gear type would be expected to exert a con-
siderable influence on this behavior, with the influence being smaller
for spur gears due to their ""open'' configuration, and greater for heli-
cal and spiral bevel gears due to their less ""open' configuration.

In addition to heat convection, the effect of heat conduction along

the gear shafts is also important. In the disk systems referred to in
Figure 25, the disks were straddle-mounted so that there were two
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paths to remove the heat by conduction from the disks. With gears
that are straddle-mounted, it is clear that there are likewise two heat
conduction paths. On the other hand, with overhung gears, heat con-
duction can take place only along one end of the shafts, so that the
heat removal rate is expected to be greatly reduced.

While the gencral heat transfer behavior described above is
believed to be qualitatively correct, the assignment of the quantitative
value of K in Equation (73) for different gear types and gear mounting
arrangements is of course very difficult, As said before, the authors
are not aware of any available information of this kind. In the absence
of such information, the following tentative values of K are assumed:

K = 1.5 for straddle-mounted spur gears (74)
K = 3.0 for overhung spur gears (75)
K = 2.5 for straddle-mounted helical and

spiral bevel gears (76)
K = 5,0 for overhung helical and spiral

bevel gears (77)

The K values given above are admittedly very arbitrary; but no viable
and more precise alternative appears porsible at this time. They
serve at least as a tentative element in the overall predictive frame-
work, until more refined solution to the problem becomes available.

C. Actual Scoring-Limited Power-Transmitting Capacity

It is clear from Equation (67) that in order to predict the actual
scoring-limited power-transmitting capacity of the gear set, it is
necessary to estimate the misalignment factor, Sy, and the dynamic
factor, Sq. Confident assessment of Sm;, and Sq is, as indicated in
Chapters II to V, exceedingly difficult. Empirical correlations are
likewise difficult, because even if PA for a gear set is known by test
and the corresponding Py is obtained from the preceding analysis, one
only knows the magnitude of the product S;m Sd, but not the individual
magnitudes of Sy and Sq. An attempt will be made presently to deduce
the probable magnitudes of these two factors, based upon some spur i
gear scoring test results furnished by AGMA. However, before doing 4
so, an overview of the problem appears in order.

7

Misalignment Factor. The effect of angular misalignment on
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the strength-related failures of spur gear teeth was first examined by
Van Zandt,73 then applied to helical gears by Wellauer,74 and later
adopted for use in the AGMA strength design standards for spur4 and
helical gears.5 The effect of tooth misalignment on the scoring-
limited power-transmitting capacity of spur g ars was emphasized by
Kelley and Lemanski.22 The procedure of calculation has been out-
lined in References 4 and 5.

Using the above-mentioned procedure, the effect of angular
misalignment on the value of Sm of spur and helical gears has been
calculated and is presented in Figure 28. In this figure, wt denotes a
fictitious unit tangential tooth load, which gives a measure of the so- "
called load-carrying capacity; e is the angular misalignment; and F is
the effective face width. Note that at any value of wt and F, S, re-
duces markedly with increasing e. Note further that, due to elastic
deformation across the tooth face, the misalignment effect is sub-
stantially reduced with narrow gears and with increased torque or wt.
These latter effects are illustrated in Figure 29 for an angular mis-
alignment of 0,001 rad.

The misalignment problem is considerably more difficult to
handle for spiral bevel gears, mainly because the gear surfaces are
curved three-dimensionally and therefore misalignment will produce
a very complex tooth contact condition. The problem was discussed
by Coleman,75 who stated that aircraft spiral bevel gears frequently
require a load distribution factor of 1.4 or more. In the AGMA
strength design standard for spiral bevel gears,b the load distribution
factor is taken as 1.10 to 1. 40 for straddle-mounted aircraft-type
spiral bevel gears, and 1.25 to 1. 50 for overhung-mounted aircraft-
type spiral bevel gears. The misalignment factor, Sy, as employed
herein, is the reciprocal of the AGMA load distribution factor., There-
fore, accepting the AGMA values as being representative, the misalign-
ment factor, Sm, for aircraft-type spiral bevel gears is then in the
range of 0. 71 to 0.91 if straddle-mounted, and in the range of 0. 67 to
0. 80 if overhung-mounted. -

It is seen that the effect of tooth misalignment in reducing the
scoring-limited power-transmitting capacity from the ideal case of
perfect alignment is very powerful. A particularly disturbing aspect
of the problem is that the misalignment in actual gears can be caused
by manufacturing errors, tolerance stackup in the assembly process,
support bearing misalignment, shaft deflections under load, and dif-
fe rential thermal expansions of the housing and related components.
The situation is so involved, particularly with the more complex gear
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types, that the net value of e cannot be realistically predicted or con-
trolled in the design process. Measurement of e in an assembled gear
set requires extreme accuracy, because Sy is so sensitive to e,
especially in the range of low e which is of major interest. Finally,
examination of the '"contact pattern' across the tooth face can be quite
misleading, because "full contact'' can be expected unless gross mis-
alignment is present. For example, with spur and helical gears, 'full
contact' would prevail for any value of Sm of 0.5 or greater, regardless
of the combination of F and wt. In other words, ''full contact'' would be
observed for all values of F up to 1.5 in, shown in Figure 28; but yet the
misalignment may be very much in excess of 0,002 rad.

For aircraft power gears, which are designed, manufactured,
and assembled with care, it is felt thai an angular misalignment of
0. 001 rad. may very likely be a realistic optimal limit—an amount
significant enough in reducing the power-transmitting capacity from
perfect alignment; but small enough so that it could easily escape notice
in practice, Thus, in the absence of specific information to the con-
trary, it is believed thate = 0,001 rad. is probably a fairly reasonable
value to use in aircraft-type spur and helical gear design, and Figure 29
can be used to estimate the value of Sq;. For aircraft-type spiral bevel
gears, an assumed value of Sm of 0. 75 for straddle-mounted gears, or
0. 70 for overhung gears, is helieved to be realistically optimal. If the
actual value of Sy should be found to be substantially lower than these
target values, more stringent control in design, manufacture, and
assembly would appear warranted.

Dynamic Factor. It should be clear from Chapter 1I, Section F,
and Chapters III to V that the dynamic factor is another extremely dif-
ficult quantity to handle, both thevretically and practically. However,
its pronounced effect in reducing the actual gear performance from
ideal can readily be seen from Figure 30.

Figure 30 plots the dynamic factor, Sq, as a function of the
pitchline velocity, V¢. The horizontal line designated as Kyl and the
curves designated as Ky2 and Ky3 are taken from the AGMA strength
design standard for spur gears.4 The AGMA strength design standards
for helical gears5 and spiral bevel gearsb use the same Ky] and Ky2;
but not Ky3 due essentially to the greater degree of load sharing and
hence smoother load transfer in these gear types.

The equations for these AGMA Ky values were given in Chapter
III, Section C, but are repeated below for convenience:
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These equations are empirical and do not explicitly account for the
effects of gear and systemn design, manufacturing errors, and operating
variables as discussed, for example, in Chapter III, Section C. It is
clear that Ky] is in reality a definition of the static load, which is not
strictly achievable even for "high precision'' gears in theory or practice.
At the other extreme, K3 would appear to be rather pessimistic for
aircraft-quality spur gears and too pessimistic for aircraft-quality
helical and spur gears. In order to provide some measure of flexibility
for the purposes of design and performance analysis when no reliable
estimate of the system dynamic behavior is available, another empirical
dynamic factor, defined as

K1 + K2
Sq1 = ..Vz—" (81)

has been found to be quite helpful.

Figure 30 compares the four curves with the dynamic factors
calculated by Tuplin's method (Sect. C, Chaps. III and IV) for an
aircraft-type spur gear set at four pitchline velocities (shown by the
crosses) and for an aircraft-type helical gear set at one pitchline
velocity (shown by a circle), as well as the dynamic factors deduced
from the test results for several aircraft-type spur gear sets furnished
by AGMA (shown by vertical bars A, B, and C). The deduction of the
AGMA data will be discussed presently. It is seen that, if these data
are indicative of what may happen in practice, then K2 appears to be
a fairly typical average for aircraft-type spur gears, with an uncer-
tainty range as high as Sq] and as low as halfway between Ky2 and Ky3.
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In view of the enormous complexity of the problem and a lack of
other specific information at present, it is suggested that Ky2 be taken
as a reasonable dynamic factor for aircraft spur gears, and Sq] as a
reasonable dynamic factor for aircraft helical and spiral bevel gears,
provided no unusual system dynamic stimulus is present. If substan-
tially lower dynamic factors are suspected in practice, a review of the
details of design, manufacture, and system dynamics would seem to be
indicated.

-
|

AGMA Spur Gear Test Results. As an aid to evaluating the
scoring-limit:d performance of typical aircraft power gears, 13 sets
of full-scale zpur gear scoring test results were supplied to this
program by the Tribology Division, AGMA Aerospace Gearing Com- )
mittee. Only 5 sets of such data, from tests employing AISI 9310 steel
gears and MIL-L-7808 or MIL-L-23699 oils that went far enough to
reach scoring, were analyzed and made use of hercin in an attempt to
deduce the probable values of the misalignment and dynamic factors.

A description of the five AGMA test series, their experimentally
determined Pp, and their estimated Pj by the procedure outlined in the
preceding section, are detailed in Appendix E. It will be noted that, in
each cited case, only one test was available for scoring analysis. Since
there is no statistical basis for a single test, it was not thought neces-
sary to estimate the Pj for each case by a full computer program,
Rather, making use of the AGMA computer printouts, their results
were converted by simple mathematical manipulations, which are
identical to the procedure outlined in the preceding section in all re-
spects, except by assuming a different but constant f in each case.

The assumption of a constani f for each test is not a drastic one, be-
cause scoring generally occars in the fairly flat region of the f vs.
WVg~3 curve (Fig. 20). But this assumption greatly simplifies the
computations, so that they could easily be handled manually. These
rather simple manipulations are explained in detail in Appendix E.

Table E-7 compares the actual and ideal performance of the S
cases examined, The quantity of special interest here is the ratio of
PA to Pj, which, from Equation (67), is the product of Sm and Sq in
each case.

In an effort to estimate the individual values of Sy, and Sq for
each case when the'r product is known, it is necessary to assume some
value for Sm or Sg and examine whether the resulting Sq or Sy would
appear plausible. The proccss is then repeated until plausible answers
are obtained. Table 6 summarizes the results of this type of analysis.
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TABLE 6, ESTIMATES FOR MISALIGNMENT AND DYNAMIC
FACTORS FOR AGMA SPUR GEAR TESTS

Series B Series B Series Al Series A2 Series A3 Series C
(Test272) (Test273) (Test 87) (Test118)(Test110)(Test10)

F, in. 1.55 1.55 0.50 0.50  0.50 0.25 |
) 8i, yin.AA 15.0 15.0 12.8 30.0  39.0 18.0

V¢, fpm 4760 4760 5749 5749 5749 11968
' wt, ppi 2308 3078 4160 2398 1956 2800

Spn Sd 0.71 0.76 0. 37 0.32  0.34 0. 31

Assume Sq = Sq4]

f Sq 0. 87 0.87 0. 86 0.86  0.86 0.83
Sm 0. 82 0.87 0.43 0.37  0.40 0. 37 |
1
i e, rad. 0.0003 0.0002 0.0104 0.0073 0.0054 0.0120 d

Assume Sd = sz

Sq 0.72  (0.76)* 0.7 0.70  0.71 0. 64
Sr 0. 99 1.00 0. 52 0.45 0,48 0.48
e, rad. ~0 0 0.0077  0.0057 0.0042  0.0075

Assume e = 0, 005 rad.

Sm - - 0. 65 0.50 0.45 0. 62

Sq - S 0. 57 0.64 0.76 0.50

* In this case, a maximum value of Syy = 1.00 is assumed. Thus
Sd = 0. 76, which is greater than Ky2 = 0, 72.
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Table 6 lists the effective face width, F; initial composite sur-
face roughness, 0i; pitchline velocity, Vt; unit tangential load at scor-
ing, wt ; and Sm Sd product for the six tests in which scoring was
obtained. The values of the Sy Sq product are taken directly from
Table E-7 for Series Al, A2, A3, and C. For each of the two tests in
Series B, the two Sm Sd products deduced for two assumed oil jet tem-
peratures in Table E-7 are averaged to give a single value listed in
Table 6.

Let it first be assumed that the dynamic factor, Sq, in each
test is as high as Sd] at that particular V¢. Figure 30 or Equation (81)
then gives the tabulated value of Sq for the test. Since S, = (SmSd/Sd),
then the corresponding value of Sm for the test can be calculated.
Knowing this S;m, and given F and wt, the appropriate value of e for the
test can be read off Figure 28 by interpolation, or calculated by the
AGMA method4 if e is greater than 0. 002 rad. Note from Table 6 that
the values of e for the two Series B tests are very small, indicating
good alignment in these tests. On the other hand, the values of e for the
other four tests appear to be excessive. This is because at values of
Sm less than 0.5, less than "full contact'' across the tooth face would
be expected, and this condition would probably have been noticed by an
alert test operator.

Let it now be assumed that the dynamic factor, Sq, in these
tests is equal to Ky2; then similar calculations will yield the values of
Sm and e shown next in Table 6. It is seen that Test B272 would indi-
cate almost perfect tooth alignment. As to Test B273, even the as-
sumption of a perfect tooth alignment would yield Sq = 0.76/1,00 =
0.76, which is greater than the assumed Sg = 0.72 for Test B272. If it
is then assumed that Test B272 also has Sq = 0,76, the corresponding
misalignment factor would be Sy, = 0.71/0,.76 = 0,93, which gives e =
0.0001 rad., or still an extremely good tooth alignment.

The assumption of Sq = Ky2 gives significantly more plausible
results for the Series A and Series C tests., Note from Table 6 that the
values of e are considerably reduced as compared with the case of Sq =
Sdl. Further, the values of Sy, are now all close enough to 0.5 so that
""full contact'' across the tooth face might have resulted, and the
presence of the misalignment could have escaped notice.

Finally, if it is assumed that e = 0, 005 rad. in the Series A and
Series C tests, then the resulting values of Sm, and the corresponding
values of Sq, would be as shown at the bottom of Table 6. These Sm
values appear, on the whole, to be even more plausible than those given
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by the assumption of Sq = Ky2. However, with the assumed e = 0. 005
rad., the Sq values would all be less than Ky?2.

In reviewing the various values of Sy, and Sq presented above,
it should be kept in mind that only single tests are involved, so the
results should be interpreted with caution. It would appear that perfect
tooth alignment would be more likely accidental than realistically
achievable; but a misalignment in excess of, say, 0.005 rad. should
have been detected by alert test personnel. Thus, selecting only those
values of Sq in Table 6 that lie within these misalignment limits, then
the probable range of Sq for these tests would be as shown by the verti-
cal bars in Figure 30.

In other words, depending upon what sort of tooth misalignment
was assumed for these AGMA spur gear tests, the dynamic factor, Sqg,
could be as portrayed by the vertical bars shown in Figure 30, giving
a rather good average corresponding to Ky2 but with a large range of
uncertainty. This exercise shows clearly that more definitive data on
both misalignment and dynamic effects are urgently needed. It also
shows that while both factors are important, poor misalignment can
easily mask the probable effect of the dynamic load.

In the prediction of the actual scoring-limited power-
transmitting capacity of gears, careful assessment of the probable
misalignment and dynamic effects is desirable but obviously not
easy. In the absence of specific information, perforinance predictions
based on an assumed angular misalignment of 0.001 rad., and an
assumed dynamic factor equal to Ky2 for spur gears or Sq] for helical
and spiral bevel gears, would appear to be reasonable, though perhaps
somewhat optimistic, for aircraft power gear practice.

D. Spur Gear Scoring Prediction

The preceding sections have dealt with the prediction of the ideal
and actual scoring-limited power-transmitting capacities of gears in
detail, except for those items related to specific gear types. This
section will be concerned with those aspects of the predictive pro-
cedure dealing specifically with spur gears, The next two sections
will deal with helical and spiral bevel gears.

Instantaneous Coefficient of Friction. The quantity f is required
in calculating Tg and AT, and thus in the prediction of the ideal scoring-
limited power-transmitting capacity., As noted in Section B of this
chapter, the selection of the proper equations for f for spur gears is
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straightforward. Specific examples will be given in Section B of the
next chapter,

Quasi-Steady Surface Temperature. The quantity Ts is calcu-
lated by Equation (69), and the procedures for calculating ¢ay and
assigning the value of the constant C' have been explained in Section B
of this chapter.

In calculating ¢av by Equation (72), note that the instantaneous
frictional power loss, ¢', expressed as a function of the pinion roll
angle, ¢, is given in the computer printout (App. H). With this infor-
mation, Equation (72) may be solved graphically by plotting ¢' vs. €
and measuring the areas under the curve. However, numerical inte-
gration by the computer is by far the easier, as will be explained in
Section B of the next chapter. A specific example will be given in
Appendix K,

Maximum Instantaneous Surface Temperature Rise, The quan-
tity AT is also required in the prediction of the ideal scoring-limited
power-transmitting capacity, The basic equation for AT is given by
Equation (70). For spur gears,

* 1
(32 wR/nE)2

B =
Vl = Zﬂppnp/60
Vz = 2ﬂpgng/60

%*
Substituting the above expressions into Equation (70), and taking E =
33 x 106 psi, one obtains

3
AT o 15:236w3 l ,/_pr - gz )
BR*4

where B is given in Appendix A for AISI 9310 steel.

Critical Temperature. The quantity T¢yr is required to estab-
lish the scoring condition and obtain the ideal scoring-limited power-
transmitting capacity. This quantity was dealt with in Secticn B of this
chapter.
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Misalignment and Dynamic Factors, The misalignment factor,
Sm, and dynamic factor, Sq, are required in the prediction of the
actual scoring-limited power-transmitting capacity by Equation (67).
If no other specific information is available at the design stage, it is
recommended that Sm be based on an assumed angular misalignment
of 0,001 rad., and Sq be assumed to be equal to Ky2.

E. Helical Gear Scoring Prediction

The prediction of the scoring-limited power-transmitting
capacity of helical gears is basically similar to that of spur gears,
However, on account of the high contact ratios normally used in helical
gears, the load sharing problem is far more complex (Chap. IV, Sect.
B). The customary, approximate way to handle the problem has been
illustrated in Figure 7. At any instant in the mesh cycle, several pairs
of teeth are sharing the total normal tooth load; and the fraction of this
load carried by any tooth pair is assumed to be proportional to the ratio
of the length of the line of contact on that tooth pair to the total length
of lines of contact on all contacting tooth pairs. This is tantamount to
assuming that the instantaneous unit static normal load at any point on
all lines of contact of all simultaneously contacting teeth at that instant
is constant and equal to

w = W/L (83)

and the instantaneous static normal load carried by any elemental gear
tooth with midpoint at M (Fig. 7) is

Wi = wt = We/L (84)
where w = instantaneous unit static load, ppi
W = total static normal load, 1b
W; = instantaneous static normal load on an elemental tooth, 1b
L = total length of instantaneous lines of contact on all simul-
taneously contacting tooth pairs, in.
1 = length of line of contact on an elemental tooth, in.
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Note that although w is constant at any given instant in the mesh, it is
not constant throughout the mesh cycle because L is not constant
throughout the mesh cycle. Also, since £ is chosen to be an integral
divider of the length of the particular instantaneous line of contact on
which it lies, it is generally not the same on all simultaneous lines of
contact. Accordingly, Wj is generally not constant at any instant
spatially and not constant through the mesh cycle.

Instantaneous Coefficient of Friction. As noted in Section B of
this chapter, the sliding motion in the helical gear mesh is inclined at
an angle to the orientation of the grinding grooves, This orientation
effect is taken as a function of the helix angle, and should be accounted
for in writing the equations for f. A specific example will be given in
Section C of the next chapter.

Quasi-Steady Surface Temperature. The quantity Tg is calcu-
lated by Equation (69), and the procedure for assigning the value of the
constant C' needs no further comment. The quantity ¢av is calculated
basically by Equation (72) which is general for all gear types. How-
ever, some additional manipulations are required due to the manner
in which the helical gear analysis is made.

In calculating ¢av for helical gears, it is first necessary to
calculate the elemental contribution &p = A(fW Vg) at any arbitrary
point M on an instantaneous line of contact (Fig. 7), and to obtain the
total instantaneous ¢ along this line by summing all of the elemental
contributions over this line. This summation is comparable to ¢' in
Equation (72). If this summation were expressed as a function of the
pinion roll angle at the line of contact under consideration, then the
successive values of ¢'(€) obtained as contact progressed over the
plane of action could be applied directly to Equation (72).

However, for the sake of convenience, the computer program
(App. 1) is written with successive lines of contact spaced equal dis-
tances apart as a function of their distance f from the initial contact
point A, as shown in Figure 7. Since ¢ is thus a function of the linear
distance f and not the pinion roll angle ¢, Equation (72) must be trans-
formed to read

I $'(f) df Np)
Slie—————N AT === 85
b £ ¢ 1360 (83)
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where ¢'(f) = instantaneous frictional power loss expressed as a
function of parameter f, Btu/sec
fp' = normal distance from the first point of contact A to the
final point of contact D' (Fig. 7)
A¢ = angle the pinion turns through from the first point of
contact A to the final point of contact D', deg
Np = number of pinion teeth

Note that the integration is performed over the distance f, normal to the
instantaneous lines of contact, The bracketed term in Equation (85)
represents the average ¢'' over the plane of action.

The value of A€ is found from the length of the path of contact in
the transverse plane as

Ae = .Z_Z -.@. (86)
dp, m
where Z = length of path of contact in transverse plane, in.
dp = base diameter of pinion, in.

The ratio 180/m converts the expression to angular degrees,

Maximum Instantaneous Surface Temperature Rise, The
quantity AT at any point M in Figure 7 is obtained by substituting Wi/t
for w in Equation (82), thus:

15.23 £ (Wi/2)* | /Bpnp - /Pgng]|
AR

AT =

(87)

where all quantities except 8, n, and ng are the instantaneous values at
point M,

Critical Temperature. The quantity Tcr was dealt with in
Section B of this chapter.
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Misalignment and Dynamic Factors. If no other specific infor-
mation is available at the design stage, it is recommended that the
misalignment factor, Sy, be based on an assumed angular misalign-
ment of 0, 001 rad.; and the dynamic factor, Sq, be assumed to be
equal to Sq].

F. Spiral Bevel Gear Scoring Predictions

The prediction of the scoring-limited power-transmitting
capacity of spiral bevel gears is similar in principle to that of helical
gears, but with the added complications of the cross-axes arrangement
and the varying spiral angle. For the present purpose, the approxi-
mate kinematic and static load analyses, due largely to Colemanb6, 67
and briefly covered in Chapter V, will be adapted for use.

Instantaneous Coefficient of Friction. As in the case of helical
gears, the sliding motion in the spiral bevel gear mesh is also inclined
at an angle to the orientation of the grinding grooves. This orientation
effect is taken as a function of the spiral angle, and should be accounted
for in writing the equations for f. A specific example will be given in
Section D of the next chapter.

Quasi-Steady Surface Temperature., The calculation of Tg for
spiral bevel gears is similar to that for helical gears, except that the
quantity ¢'" for any instantaneous line of contact is directly calculated
(App. J), and a summation along the line is thus not required.

The contact condition in a pair of spiral bevel gears is shown in
Figure 10, Motion sweeps across the plane of action in the axial as
well as the transverse directions, much as in the helical gear. How-
ever, unlike the uniform contact assumed along a contact line in helical
gears, the contact in spiral bevel gears is assumed concentrated at the
middle of the contact line. Thus to estimate Tg, it is only necessary
to integrate over the diagonal length of action, 7, the instantaneous
values of ¢'" for a large number of contact lines uniformly spaced over
the contact ellipse in the plane of action.

Using an expression similar to Equation (85), ¢ay is then

[ o) de Np )
bav = |*——— | ac (— (88)
n 360
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where ¢'(f) instantaneous frictional power loss expressed as a

function of parameter f, Btu/sec

f = distance from the center of contact area to a line of
contact (Fig. 10), in.

n = length of contact normal to lines of contact, in,

A¢ = angle through which the pinion turns from initial con-
tact to final contact, deg.

Np = number of pinion teeth

The value of A¢ in this case is

A€ = z 180 (89)
A sin ¥y n
where Z = length of contact in transverse plane, in.
A = mean cone distance, in.
Y = pitch angle of pinion, deg.

Maximum Instantaneous Surface Temperature Rise. In
Coleman's analysis,00 the quantity AT at the midpoint on any instan-
taneous line of contact (Fig. 10) was expressed in terms of the maxi-
mum Hertz stress, qp, at that point, He used basically Kelley's
approximationl8 to enter Equation (70). Coleman's expression for AT
may then be shown to be

ﬁf‘hvs

AT _
28 (Vpldp+ [Vgldg)

(90)

with

- —l 1
q, Cp SGR (91)
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and

3
’ 3E

%
Substituting Equations (91) and (92) into Equation (90), and taking E =
33 x 106 psi, one obtains

2487 § /Wj Vs (93)

AT

In Equations (90) and (93), the kinematic relationships have
been dealt with in Chapter V, Section A, while the static load relation-
ships have been dealt with in Chapter V, Section B, Thus, Vg is given
by Equation (36), and dp and dg by Equations (38) and (39), respectively.
Vp and Vg, not previously given, are

2 2
g /VFg + Vpg (95)

<
i

where VFp, VPp, VFg, and Vpg are given by Equations (32), (33),
(34), and (35), respectively. SG is given by Equation (43). Wj is given
by Equation (45). Note that except for 8 and k,which are properties of
the gear steel, all other quantities entering Equation (90) or Equation
(93) are not constant either spatially or through the mesh cycle.

Critical Temperature. The quantity Tcr was dealt with in
Section B of this chapter.

Misalignment and Dynamic Factors, If no other specific infor-
mation is available at the design stage, it is recommended that the
missiignment factor, Sm, be taken as 0,75 for straddle-mounted spiral
bevel gears and 0.70 for overhung spiral bevel gears, and that the
dynamic factor, Sq, be assumed to be equal to Sq].
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CHAPTER VI
GEAR SCORING TEST PROGRAM

A, General

In order to evaluate the validity of the gear scoring prediction
method outlined in the preceding chapter, the plan was to select or
design typical aircraft-type spur, helical, and spiral bevel gears, andto
predict their probable scoring-limited power-transmitting capacities
under specified operating conditions. Concurrently, these selected or
designed gears were to be procured or manufactured, and then tested
under the specified operating conditions to determine their actual
scoring-limited power-transmitting capacities. The predicted and the
experimentally-determined values were then to be compared.

Recommendations on the specific gear designs and test plans
were made with the aid of Bell Helicopter Company (subcontractor)
and submitted to the Eustis Directorate, U.S. Army Air Mobility
Research and Development Laboratory for prior approval. After
USAAMRDL approval was received, the procurement and manufacture
of the gears were handled by BHC., Testing of these gears was sub-
sequently performed by BHC under SwRI supervision.

The gear test program originally called for a total of 30 tests,
comprising 10 tests each on spur, helical, and spiral bevel gears. The
10 tests on each gear type were further divided into two sets of 5 tests
each, with some design feature or test condition varied. All gears
were to be made of AISI 9310 CEVM steel, carburized to give an effec-
tive case thickness of 0.030-0.040 in., a case hardness of 60-63 R¢, a
core hardness of 33-41 R¢, and surface-treated with black oxide as
per BHC Specification BPSFW 4084 —essentially the same as the test
disks used in tiie disk tests (Chap. VI and App. D). The test oil was
to be Oil F (App. A), the saine MIL-L-7808G oil used in the disk tests.

The other gear and test details will be given later in Sections
B, C, and D of this chapter and in Appendixes F and G. However, the
gear test program had undergone certain changes as it developed, and
these changes will now be reviewed.

Spur Gears. All spur gears were to be 31 x 76 teeth, with a
diametral pitch of 8.5 in.-1 Five sets of these gears were to be ground
to about 17 pin. AA surface finish and 5 sets honed to about 7 pin. AA
surface finish. All tests were to be rur at a pinion speed of 8,000 rpm,
at an oil jet temperature of 190°F,
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As it turned out, the gears received from the vendor were
found to be much smoother than specified; but it was decided to proceed
with the testing in order to expedite the program. It was also found
that the torque capacity of the test rig available at BHC was not enough
to score the gears at 190°F oil jet temperature and 8,000 rpm pinion
speed, It was felt that increasing the test speed at maximum rig torque
capacity was risky. Accordingly, the test plan was modified to test
all spur gears at an oil jet temperature of 250°F,

Helical Gears. The helical gears were to be 31 x 138 teeth,
with a diametral pitch of 8.5 in,-1 and a helix angle of 18. 3°. Five
sets of these gears were to be tested at 5,000 rpm, and 5 sets at
25,000 rpm. The oil jet temperature was to be 190°F,

As it happened, manufacturing problems were encountered by
the vendor, and delivery of the helical gears was repeatedly delayed.
It became necessary to modify the program to delete testing of the
helical gears entirely.

Spiral Bevel Gears. It was planned to test 5 sets each of two
spiral bevel gear designs. One design was to be 22 x 23 teeth, with a
diametral pitch of 6.11 in.-1, and a spiral angle of 35°. These 5 sets
were duly tested at the planned pinion speed of 4, 500 rpm and the
planned oil jet temperature of 190°F.

The other design was to be 19 x 62 teeth, with a diametral pitch
of 6.33 in.-1, and a spiral angle of 35°. These 5 sets were to be tested
at a pinion speed of 6,000 rpm and an oil jet temperature of 190°F,
Due to scheduling problems of the available test rig at BHC, it was not
possible to conduct these tests expeditiously. Accordingly, the pro-
gram was modified to delete the 5 tests on the 19 x 62 spiral bevel
gears,

In summary, due to various difficulties encountered, the
originally scheduled 30 gear tests were not all run. Rather, only 15
tests were performed, 5 each on the ground spur gears, the honed
spur gears, and the 22 x 23 spiral bevel gears.

The subsequent sections of this chapter will first present the
predicted scoring-limited power-transmitting capacities of the gear
sets, and then compare these with the experimentally-dete rmined
values. For the sake of convenience, sample runs of the computer
programs are presented in Appendixes H, I, and J for the three gear
types. Likewise, summaries of the spur gear and spiral bevel gear
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test data are presented in Appendixes F and G, respectively.

B. Spur Gear Test Program

The spur gear test program consisted of replicate tests on 5
sets of ground spur gears and 5 sets of honed spur gears of same
design and material, tested for scoring at the same speed and oil jet
temperature. Details of the test equipment, test procedure, and re-
sults are summarized in Appendix F.

The test gears were made of AISI 9310 CEVM steel, carburized
. to a case thickness of 0,030-0, 040 in., a case hardness of 60-63 R,
a core hardness of 33-41 Rc, and surface-treated with a black oxide.
The dimensions of the pinions and gears are given in Table 7. The
measured surface roughnesses in the profile and lead directions of the
pinions and gears are presented in Appendix F, where it is estimated
that the average initial composite surface, 8i, was 13,7 pin. AA for
the 5 sets of ground gears, and 15.8 yin. AA for the 5 sets of honed
gears.

The test oil was Oil F, a MIL-L-7808G synthetic oil.

E The tests were conducted at a pinion speed of 8, 000 rpm, with

g’ the pinion as the driver. The corresponding pitchline velocity was
7,638 fpin. The gears were mounted on vertical shafts, and were
lubricated by cascading oil and by an oil jet directed into the mesh.
Flow through the oil jet was 0,28 gpm and the oil jet temperature was
250°F, The cascading oil flow rate and temperature were not

3 measured.

Dimensional inspection of the test section housing and bearings
revealed that the test rig had an assembled misalignment of 0.0007 rad.,
with the lower end of the teeth (i.e., the S/N end in Fig. F-2) being
more heavily loaded than the upper end. Apart from this, tooth mis-
alignment also resulted from the lead errors on the pinion and gear
teeth, An attempt was made to balance the lead errors on the mating
pairs of pinions and gears. As shown in Appendix F, the best estimate
for the average resultant tooth misalignment was 0, 00076 rad. for the
ground gear sets, and 0, 00084 rad. for the honed gear sets.

Ideal Scoring Power of Ground Spur Gears. The ideal scoring
limited power-transmitting capacity of the ground spur gears was esti-
mated by the procedure outlined in Chapter VII. For reasons given in
Chapter VII, the critical temperature, Tcr, and the coefficient of
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TABLE 7. SPUR GEAR DESIGN DATA

Number of teeth
Diametral pitch, in. -1
Pitch diameter, in.
Face width, in.
Pressure angle, deg
Outside diameter, in,
Root diameter, in.

Mean circular tooth thickness, in,

Start of tip modification, deg roll
End of tip modification, deg roll

Nominal slope of tip modification line, in.
Nominal slope of profile slope line, in.
Nominal slope of tooth slope line, in.

Maximum allowable errors:

Tooth to tooth spacing, in.

Accumulated spacing, in.

Slope of tip modification line, in.

Slope of profile line, in.

Slope of tooth slope line, in,

Material and surface:
Material, AISI
Case thickness, in.
Case hardness, Rc

Core hardness, Rc
Surface finish, pin. AA
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Pinion Gear
—(Driver) ~ _ (Driven)
31 76
8.5 8.5
3.6471 8.9412
1.375 1,250
22.0 22.0
3.907 9.184
3,354 8.632
0.1848 0.1768
27.49 25,00
32.15 26, 89
-0.00035 -0.00045
0 0
0 0
0. 0002 0.0002
0. 0006 0.0006
0. 00015 +£0.00015
0, 0001 +£0, 0001
+0, 00025 +£0, 00025
9310 9310
0.030-0.040 0.030-0,040
60-63 60-63
33-41 33-41
See text See text
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friction, f, are assumed to be those of the plain surfaces, i.e., sur-
faces as if there were no black oxide surface treatment. In other
words, noting that 6 = 13.7 yin. AA for the ground spur gears, then
the critical temperature, from Equation (50), is

Ter = 540 - 3,8006j = 488°F (96)

and the coefficient of friction, from Equations (56) and (57), is

1
f = (0.0755+ 0,00034 6;)(Wvg 3)~ %3
1
= 0.0802 (Wvg"3)"0-3
Y
at WVg™3 <200 (97)
£ = 0.0154+ 0.00007 &; = 0. 0164
1
at Wv,~3 2200 (98)

The quasi-steady surface temperature, Tg, is given by Equa-
tion (69), which at Tj = 250°F reads

0.80 _ 0. 80 (99)

Tg = Ti+C'éay’ = 250+ 2254,y

J

where ¢avy is defined by Equation (72). In estimating the value of C' in
Equation (99), the cascading oil is assumed to contribute negligibly
toward the cooling of the gear meshing surfaces, since this oil from
the upper support bearings is immediately flung off as it falls on the
top sides of the gears, and thus has little chance of entering the gear
mesh., Accordingly, at an oil jet flow rate of 0.28 gpm, Figure 25
gives C = 150; and C' = 1.5 x 150 = 225 by Equation (74).

The calculation of ¢y by Equation (72) is straightforward
since ¢ '(¢€) is known from the computer program (App. H) from the
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kinematic and static load analyses. The numerical integration process
to obtain ¢av is also written into the computer program. However, (o
illustrate how this is done, a numerical example will be given in
Appendix K.

The maximum instantaneous surface temperature rise, AT, is
given by Equation (82), with 8 taken as 42.15 lb/°F-in.sec? (App. A).
In other words,

3
0.361 £ w* -
AT = z I'/p,"np s (100)
R*

The maximum instantaneous surface temperature, Tc, is then
T = Tg+ AT (101)

Equations (97), (98), (99), (72), (100), and (10l) are then em-
ployed to compute the instantaneous values of T¢ in the gear mesh at
different power levels. The computer program is presented in
Appendix H, along with a sample run at 600 hp. The major computer
results at 600 hp and several additional power levels are summarized
in Table 8, In this table, P is the power transmit.ed; W is the normal
tooth load, which depends only on P; Tg is the quasi-steady surface
temperature, which depends only on P; AT is the maximum instan-
taneous surface temperature rise somewhere in the gear mesh, which
depends on both P and mesh position; T¢ is the maximum instanta-
neous surface temperature, which also depends on both P aind mesh
position; and the critical temperature is constant for the problem.

It will be recalled from Equation (96) that T¢cy = 488°F in this
case, Thus, from Table 8, the ideal scoring-limited power-
transmitting capacity, Py, is expected to be betwe-n 900 and 1000 hp.
A graphical way to determine the value of Pj is shown in Figure 31,
by plotting the tabulated values of T¢ vs. P. The intersection of this
curve with Tcr = 488°F yields Pj equal to 957 hp for the ground spur
gears.

Ideal Scoring Power of Hored Spur Gears. With the honed
spur gears, the initial composite surface roughness, §;i, is 15.8 pin.
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TABLE 8. IDEAL SPUR GEAR PERFORMANCE SUMMARY

P, hp W,1lb ¢ay, Btu/sec Ts,°F AT,°F T¢,°F Tep, °F

Ground gears (8 = 13.7 yin. AA)

AR A | T AT TR T DT AT

P

600 2795.7 0.5763 394, 7 18.6 413.4 488
700 3261. 7 0.6688 4]13.1 21.5 434,6 488
800 3727.6 0.7631 431,2 24.2 455,5 488
900 4193,6 0.8595 449, 3 26,7 476,0 488
1000 4659. 6 0.9583 467.5 28.8 496.3 488
Honed gears (6; = 15.8 yin. AA)
600 2795.7 0. 6048 400. 5 19.6 420.1 480
700 3261.7 0.7018 419.5 22.6 44..1 480
800 3727.6 0. 8005 438, 3 25.5 463,8 480
900 4193. 6 0.9015 457.1 28.0 «85,1 480
1000 4659, 6 1.0052 475.9 30.3 506.2 480
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AA. Accordingly, Equation (50) gives

Ter = 540 - 3.800; = 480°F (102)

and Equations (60) and (61) give

_ -3.-0.30
£ = (0.0789 + 0.00034 6;)(WVs3)
1
= 0.0842 (Wvg3)~0-30
i
at WV¢~3 <200 (103)
£ =  0.0161 +0.00007 &; = 0.0172

1
at WVg™3 2200 (104)

It is clear that Equations (99), (100), and (101) apply equally to this
case, by noting that f will now be defined by Equations (103) and (104).

Equations (99), (72), (100), (101), (103), and (104) are now em-
ployed in the computer program in the same manner as in the preced-
ing case. A summary of the major computer results is presented in
Table 8. A plot of T¢c vs. P for this case is shown dashed in Figure
31, The ideal scoring-limited power-transmitting capacity, Py, is
then equal to 873 hp for the honed spur gears.

Actual Scoring Power of Ground Spur Gears. In order to pre-
dict the actual scoring-limited power-transmitting capacity, it is
necessary to estimate the misalignment factor, Smy;, and the dynamic
factor, Sq, and then apply Equation (67).

In order to estimate Sy, beth the angular misalignment, e,
and the unit tangential tooth load, wt, are required. The unit tangen-
tial tooth load for any gear set is
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126050 P

wg = npd F (105)
where wt = unit tangential tooth load, ppi
P = power transmitted, hp
np = pinion speed, rpm
d = pitch diameter of pinion, in.
F = effective face width, in,

For the ground gear sets, the average tooth misalignment, e,
was, as stated previously, estimated to be 0.00076 rad. At Py = 957
hp, the unit tangential tooth load, wt, is (126050 x 957)/(8000 x
3.6471 x 1,25) = 3308 ppi. Accordingly, with e = 0,00076 rad. and
wt = 3308 ppi, Figure 28 gives S;y = 0. 80 by interpolation.

To estimate the dynamic factor, it is assumed that Sq = Ky2
(Chap. VII, Sect. D). The pitchline velocity is V¢ = 7636 fpm. At
this V¢, Figure 30 gives Sqd = Ky2 = 0.68.

Having thus estimated the values of Sm and Sq, Equation (67)
then gives a predicted actual scoring-limited power-transmitting
capacity of

P1Sm Sd

PA

957 x 0.80 x 0.68 = 521 hp

“his predicted Pp may be compared with the experimentally
determined PA given in Appendix F. If the comparison is made with
the average experimentally determined P of >679 hp, then the pre-
diction is at least 23 percent too low. Such a comparison is, however,
not correct because the average PA has no statistical meaning. The
proper basis of comparison should be the statistically deduced,
experimentally determined PA of 507 hp. On this basis, the predic-
tion is seen to be only 3 percent too high.

Actual Scoring Power of Honed Spur Gears. As stated earlier,
the average tooth misalignment for the honed spur gears was 0. 00084
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rad. At P1 = 873 hp, wt = (126050 x 873)/(8000 x 3.6471 x 1,25) =
3017 ppi. At e = 0.00084 and w¢ = 3017 ppi, Figure 28 gives S, =
0. 78.

Let it be assumed again that Sq = K, = 0.68 at V, = 7638
fpm. Then the predicted Pp is

PA = 873 x 0.78 x 0.68 = 463 hp

Appendix F shows that the average experimentally determined
Pp is 606 hp, and the statistically deduced,experimentally determined
P, is 425 hp. As argued earlier, the proper basis of comparison is
the statistically deduced Pp of 425 hp. On this basis, it is seen that
the predicted Pp is 9 percent too high,

C. Helical Gear Test Program

As mentioned earlier, the helical gear test program was not
run. However, a computer program for helical gears has been written
(App. I), the basis for which will be explained.

The test gears intended for the test program were to be made of
AISI 9310 CEVM steel, carburized and surface-treated with a black
oxide as shown in Table 9, which also presents the design data. The
surface finish on both pinion and gear was specified to be 22 pin. AA
maximum. If the gears were produced to this maximum surface finish,
then, by Equation (B-4) in Appendix B, the initial composite surface !
roughness of a gear set would be §; = 3 (22 + 22)/4 = 33 pin. AA. i

The test oil was to be Oil F, a MIL-L-7808G synthetic oil.

The tests were to be run at a pinion speed of 5,000 rpm, with
the pinion as the driver. The corresponding pitchline velocity is
5,028 fpm. The oil jet temperature was to be 190°F.

Ideal Scoring Power of Helical Gears. For reasons given in
Chapter VII, the critical temperature, Tcy, and the coefficient of fric-
tion, f, are herein assumed to be those of the plain surfaces, i.e.,
surfaces as if no black oxide were present. Therefore, at the assumed
value of 6; = 33 pin. AA, Equation (50) gives

T., = 540 - 3.806; = 415°F (106)
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TABLE 9. HELICAL GEAR DESIGN DATA

Pinion Gear
(Driver) _(Driven)
Number of teeth 31 138
Diametral pitch (normal plane), in. -! 8.5 8.5
Pitch diameter, in. 3,8413 17.6998 ~
Face width, in. 2.500 2.380
Pressure angle (normal plane), deg 22.0 22,0
Outside diameter, in. 4,032 17.290 g
Root diameter, in. 3.528 16.786
Mean circular tooth thickness (normal plane), in., 0.1782 0.1782
Helix angle, deg 18,2966 18.2966
Lead of helix, in, 36. 5000 162, 4681
Hand of helix LH RH
Start of tip modification, deg roll 26,88 25,18
End of tip modification, deg roll 30.74 25,95
Nominal slope of tip modification line, in. 0. 00008 0.00008
Nominal slope of profile slope line, in. 0 0
Nominal slope of tooth slope line, in. 0 0
Maximum allowable errors:
Tooth to tooth spacing, in. 0. 0002 0.0003
Accumulated spacing, in. 0. 0006 0.0010
Slope of tip modification line, in. £0, 00008 +0, 00008
Slope of profile slope line, in. 0, 0002 +0,0002
Slope of tooth slope line, in. +0, 0015 +0, 0002
Material and surface:
Material, AISI 9310 9310
Case thickness, in. 0. 030-0.040 0,030-0.040 i
Case hardness, R, 60-63 60-63
Core hardness, R, 33-41 33-4]
Surface finish, gin. AA max. 22 22
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To calculate the coefficient of friction, note that the direction
of sliding in helical gears is not normal, but inclined, to the orienta-
tion of the grinding grooves. In this case, the helix angle of the gear
set is y = 18,2966°, so the direction of sliding makes an angle of
90 - 18,2966 = 71,7034° to the grinding grooves; and cot(71.7034°) =
0. 33065, An approximate way to account for this orientation effect is
to interpolate between Equations (56) and (57) for the cross-ground
situation and Equations (54) and (55) for the circumferentially-ground
situation. The equations for f are then approximately

£ = [0.0755 + 0. 33065 (0. 0920 - 0., 0755)
1
+ 0.00034 oi] (WVg~3)-0. 30
1
= (0.0810 + 0.00034 8;) (Wvg~?)" 030
1
= 0.0922 (wv,"*)"0-30
L
at WVg™3 <200 (107)
£ = 0.,0154 + 0, 33065 (0.0188 - 0,0154) + 0, 00007 &;

=  0.0165+ 0,00007 6; = 0.0188
1
at Wvg™3 2200 (108)

The quasi-steady surface temperature, Tg, is given by Equa-
tion (69), thus:

: 0. 80
Te = Tj+ C'é9y 20 = 190 + 312.5 45y (109)

where ¢ay is now defined by Equation (85). In assigning the value of
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C!', it is assumed that the oil jet flow rate is 0.60 gpm. Then Figure
25 gives C = 125, and Equation (76) yields C' = 2,5 x 125 = 312,5,

The computation of ¢av by Equation (85) is accomplished by the
computer program (App. I) as explained in Chapter VII, Section E.
A numerical example for this computation will be given in Appendix K.

The maximum instantaneous surface temperature rise, AT, is
given by Equation (87), with 8 = 42,15 1b/°F-in.sec3,

The maximum instantaneous surface temperature, Tc, is thus
given by Equation (101),

Equations (107), (108), (109), (85), (87), and (101) are ther
employed in the computer program to compute the instantaneous
values of T¢ at various points on various instantaneous lines of con-
tact in the gear mesh, at different power levels. The computer pro-
gram is presented in Appendix I, along with a sample run at 600 hp.
The major computer results at 600 hp and several additional power
levels are summarized in Table 10. The symbols in Table 10 are
defined the same way as in Table 9, except that AT and thus T¢ are the
maximas somewhere on one of the instantaneous lines of contact
somewhere in the mesh,

Figure 32 presents a plot of T¢ vs. P given in Table 10, At
the assumed Tj = 190°F, the figure yields a predicted ideal scoring-
limited power-transmitting capacity, P, of 1210 hp.

As a matter of interest, Figure 32 also shows the ideal per-
formance for an assumed Tj = 250°F, the same oil jet temperature
at which the spur gears were tested. For this case, Equation (109)
should be changed to read Tg = 250 + 312,5 ¢2<,8°, with all other
equations remaining the same. The corresponding performance is
shown dashed in Figure 32, and the corresponding predicted Py is
796 hp.

Actual Scoring Power of Helical Gears. In the absence of
other specific information, let it be assumed that the gear misalign-
ment is e = 0,001 rad. The procedure for estimating the misalign-
ment factor, Sy, of spur gears will be employed for helical gears
as well. The procedure will yield Syy = 0.68 for the case of Tj =
190°F, and Sm = 0,61 for the case of Tj = 250°F.,

In estimating the dynamic factor, Sq, it will be assumed, in
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TABLE 10. IDEAL HELICAL GEAR PERFORMANCE SUMMARY

143

P, hp W, 1b ¢av, Btu/sec Ts, °F AT, °F Tc, °F Tcr, °F
Tj = 190°F
600 4471.4 0.2690 299.3 26,1 325, 4 415
700 5216. 6 0.3115 312.9 217.9 340.8 415
800 5961.9 0. 3541 326.2 29.7 355.9 415
900 6707.1 0. 3973 339.3 31.3 370.6 415
1000 7452, 3 0. 4404 352.2 32.8 385.0 415
1100 8197.4 0.4835 364.7 34.3 399.0 415
1200 8942.8 0.5265 377.1 36. 6 413, 6 415
1300 9688, 0 0.5695 389.2 38.8 428.0 415
1400 10433,2 0.6124 401.1 4l1.1 442.2 415
Tj = 250°F
600 4471.4 0.2690 359.3 26,1 385.4 415
700 5216, 6 0.3115 372.9 27.9 400. 8 415
800 5961.9 0. 3541 386.2 29.7 415.9 415
900 6707.1 0.3973 399.3 31.3 430.6 415
1000 7452.3 0. 4404 412.2 32.8 445.0 415
1100 8197.4 0.4835 424.7 34.3 459.0 415
1200 8942, 8 0.5265 4317.1 36.6 473.6 415
1300 9688. 0 0.5965 449.2 38.8 488.0 415
1400 10433.2 0. 6124 461.1 41,1 500.2 415
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the absence of other specific information, that Sq = Sq1 for helical
gears. At Vi = 5028 fpm, Figure 30 gives Sq = Sq1 = 0. 86,

From Equation (67), the predicted actual scoring-limited
power-transmitting capacity is thus PA = 708 hp for the case of Tj =
190°F, and P = 418 hp for the case of Tj = 250°F. The powerful
influence of the oil jet temperature on scoring-limited power-
transmitting capacity is clearly indicated.

The quality of the above predictions is not known, since no
tests were actually conducted.

D. Spiral bevel Gear Test Program

As mentioned earlier, only one design of spiral bevel gears
was tested. The predicted performance and experimentally determined
performance of these gears will now be compared.

The spiral bevel gears in question were made of AISI 9310
CEVM steel, carburized and surface-treated with a black oxide as
shown in Table 11, which also presents the design data. As in the case
of the helical gears, the surface finish of the spiral bevel gears was
specified to be 22 gin. AA maximum. Attempts were made to measure
the actual surface roughness of these gears, but without success (App.
G). Accordingly, for the present estimating purposes, a surface
finish of 22 yin. AA on both pinion and gear is assumed. The cor-
responding initial composite surface roughness of the gear set is then
6; = 3(22 + 22)/4 = 33 yin. AA by Equation (B-4) in Appendix B.

The test oil was Oil F, a MIL-L-7808G synthetic oil.

The tests were conducted at a pinion speed of 4, 500 rpm, with
the pinion as the driver. The corresponding pitchline velocity is
4,241 fpm, The oil jet temperature was 190°F. f[he oil jet flow rate
was 0,45 gpm.

Ideal Scoring Power of Spiral Bevel Gears. For reasons
given in Chapter VII, the critical temperature, T¢r, and the coe.ficient
of friction, f, are assumed to be those of the plain surfaces, i.e.,
surfaces as if no black oxide were present. Consequently, at the
assumed valre of 6§ = 33 pyin. AA, Equation (50) gives

Ter = 540 - 3,80 6; = 415°F (110)
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TABLE 11, SPIRAL BEVEL GEAEF. DESIGN DATA

Number of teeth
Diametral pitch, in, -1
Pitch diameter, in.
Face width, in.
Pressure angle, deg
Outside diameter, in.

Mean circular tooth thickness, in.,

Outer cone distance, in.
Mean cone distance, in.
Working depth, in.

Whole depth, in,
Addendum, in,
Dedendum, in.

Pitch apex to crown, in.
Outer normal top land, in.
Mean normal top land, in.
Inner normal top land, in.
Outer normal backlash, in,

Pitch angle, deg

Face angle to flank, deg
Root angle, deg
Dedendum angle, deg
Outer spiral angle, deg
Mean spiral angle, deg
Inner spiral angle, deg
Hand of spiral

Material, AISI

Case thickness, in.

Cacse hardness, Rc¢

Core hardness, Rc

Surface finish, pin. AA max.
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Pinion

(Driver)

22
6.111
3. 6000
0.871

2.5
3.794
0.213
2.604
2,171
0.258
0.289
0.134
0.155
1.789
0.073
0.073
0.074
0. 004

43,727
46,244
41, 444
2,283
44,835
35.000
25.990
LH

9310

.030-0, 040

60-63
33-41
22

Gear

(Driven)

s S ARSI P TSN

23
6.111
3.7637
0.871

22,5
3.935
0.208
2,604
2.171
0.258
0.289
0.124
0.165
1.710
0.058
0. 077
0. 062
0. 006

46,273
48,556
43,756
2.517
44,835
35. 000
25.990
RH

9310
60-63

33-41
22

00 030-0. 040



In calculating the coefficient of friction, f, it is noted that the
mean spiral angle of the gear set is ¢ = 35°, Thus, the sliding
motion makes an angle of 90 - 35 = 65° to the grinding grooves. Thus,
using the same procedure as for the helical gears, and noting that
cot 65° = 0.70021, the approximate equations for f are

f = [0.0755 + 070021 (0.0920 - 0. 0755)
+0.00034 65 | (Wv,~3)-0- 30
= (0.0871 + 0.00034 8;) (WVg~3)~0- 30
= 0.0983 (Wvg~3)~0: 30
at wv, ¥ <200 (111)
f =  0.0154 + 0.70021 (0, 0188 - 0.0154) + 0, 00007 &;
= 0.0178 + 0.00007 8; = 0.0201 (112)

The quasi-steady surface temperature, Tg, is again given by
Equation (69), so

0. 80 0. 80
Tg = Tj+C'éday = 190 + 675 ¢, (113)

where ¢,y is defined by Equation (88). In this case, at an oil jet flow
rate of 0,45 gpm, C = 135 from Figure 25, and C' = 5 x 135 = 675
from Equation (77).

The computation of gy by Equation (88) is accomplished by the
computer program (App. J), as explained in Chapter VII, Section F.

A numerical example of this computation will be given in Appendix K.

The maximum instantaneous surface temperature rise, AT, is
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given by Equation (90), with 8 = 42,15 1b/°F-in,-sec?,

The maximum instantaneous surface temperature, T¢, is given
by Equation (101).

Equations (111), (112), (113), (88), (90), and (101) are then em-
ployed in the computer program to compute the maximum instantaneous
values of T¢ through the mesh at different power levels. The computer
program is presented in Appendix J, along with a sample run at 600 hp.
The major computer results at 600 hp and several additional power
levels arc summarized in Table 12, In this table, W¢ is the tangential
tooth load, and AT and T¢ are the maximas on an instantaneous line of ;
contact somewhere in the mesh,

Figure 33 presents a plot of T¢ vs. P given in Table 12, At
Tj = 190°F, the predicted ideal scoring-limited power-transmitting
capacity is seen to be P = 627 hp.

Figure 33 also presents a plot of T¢c vs. P for Tj = 250°F. By
increasing Tj to 250°F, it is seen that Py is reduced to 420 hp.

Actual Scoring Power of Spiral Bevel Gears. In the absence of
other specific information, the misalignment factor for the overhung
spiral bevel gear set is taken as Syy * 0.70, in accordance with the
recommendation made in Chapter VII, Section F, The pitchline veloc-
ity is V¢ = 4241 fpm. Thus, from Figure 30, Sq = Sq1 = 0. 87.

Applying Equation (67), the predicted actual scoring-limited
power-transmitting capacity is then

PA = 627 x 0.70 x 0.87 = 382 hp

for the case of Tj = 190°F, From Appendix G, the average
expe rimentally-determined PA at Tj = 190°F is 367 hp, and the

statistically deduced, experimentally determined PA is 346 hp. The .
latter value, which is statistically more meaningful, should be used

as the basis for comparison, It is seen that the predicted Pa is 10

percent too high,

The predicted actual scoring-limited power-transmitting
capacity of the same gears, if operated at an oil jet temperature of
250°F, is

Pp = 420 x 0.70 x 0.87 = 256 hp
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TABLE 12,

IDEAL SPIRAL BEVEL GEAR
PERFORMANCE SUMMARY
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P, hp Wg, b dav, Btu/sec Tg,°F AT,°F Te,°F Ter °F

Tj = 190°F
300 2333,3 0.1013 298.1 20.5 318.7 415
400 3111.1 0.1333 324.7 24.2 348.9 415
500 3888, 8 0.1651 349.8 28.6 378.4 415
600 4666, 6 0.1975 374.4 32.8 407.3 415
700 5444, 3 0.2299 398.3 36.9 435,1 415
800 6222, 1 0.2623 421.4 40.7 462.1 415

Tj =250°F
300 2333,3 0.1029 358.1 20,5 378.7 415
400 3111.1 0.1353 384.7 24,2 408.9 415
500 3888. 8 0.1676 409. 8 28.6 438.4 415
600 4666, 6 0.2005 434.4 32.8 467.3 415
700 5444, 3 0.2334 458. 3 36.9 495.1 415
800 6222.1 0.2662 481, 4 40.7 522,1 415
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which is much lower than that predicted for Tj = 190°F. However, ,
no test data are available for comparison in this instance.
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CHAPTER IX
CONC LUSIONS AND RECOMMENDATIONS

A, Conclusions

A method has been devised for predicting the scoring potential
and scoring-limited power-transmitting capacity of spur, helical, and
spiral bevel gears, Computer programs for making such predictions
for the three gear types have been written and are presented herein.

In order to evaluate the quality of the predictions made, full-
scale scoring tests have been performed on typical aircraft-quality
gears by Bell Helicopter Company, the subcontractor. The predicted
scoring-limited power-transmitting capacities have been found to be
within 10 percent of the statistically deduced test results from two
series of tests on spur gears and one series of tests on spiral bevel
gears. Helical gears were not tested in this program, due to dif-
ficulties encountered by the subcontractor in the scheduling of gear
manufacturing and testing.

The predictive scheme comprises basically two steps. The
first step involves the prediction of the ideal scoring-limited power-
transmitting capacity, assuming perfect tooth alignment and no dy-
namic tooth load, The probable, actual scoring-limited power-
transmitting capacity is then deduced from the ideal scoring-limited
power-transmitting capacity by applying corrections for the misalign-
ment and dynamic effects.

Due to the current lack of a fundamental understanding of the
mechanism of scoring, the thermal behavior involved, and the detailed
effects of gear mechanics, a completely rational approach in gear
scoring prediction is deemed impossible at this time. On the other
hand, a basically empirical procedure, such as the current AGMA
gear scoring design guide,3 leaves much to be desired. The proposed
scheme is accordingly in the nature of an engineering compromise,
which recognizes the importance of the above-mentioned basic prob-
lems but accepts certain approximations imposed by the current state
of the art,

The key assumption involved in the methodology presented
herein is that the effects of tooth misalignment and dynamic tooth load
can be isolated in the prediction of the ideal scoring-limited power-
transmitting capacity, and later separately accounted for in the
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assessment of the actual scoring-limited power-transmitting capacity.
Once this assumption is accepted, the entire predictive scheme is
relatively straightforward; and the only tasks that remain are those of
establishing the various functional relationships and the magnitudes of
the several constants and coefficients involved.

In the prediction of the ideal scoring-limited power-transmitting
capacity, Blok's well-known critical temperature hypothesis!6, 19, 23
has been modified in several respects, including quantitative descrip-
tions of the critical temperature and the coefficient of tooth friction,
based on data derived from steady-operating sliding-rolling disk tests.
Perhaps the most important advance that has been made here is a
technique for estimating the quasi-steady surface temperature of gears,
which has been a totally neglected subject so far. However, due to a
lack of information on the heat transfer behavior of gear systems, the
quantitative magnitude of the constant C' in Equation (69) had to be
assigned rather arbitrarily.

In the prediction of the actual scoring-limited power-
transmitting capacity, the major tasks have been assigning the quanti-
tative magnitudes of the misalignment factor and dynamic factor. The
approach employed herein follows basically the AGMA procedure for
rating the strength of gear teeth,4-6 The numerical constants have
been deduced from five sets of spur gear scoring test results made
available to this program by AGMA.

It goes without saying that the basic equations and particularly
the numerical constants and coefficients used herein are tentative,
since they were deduced from a rather limited data base., Refine-
ments or improvements are to be expected as additional disk and gear
test results become available.

B. Recommendations

The mechanism of scoring has been a subject of serious re-
search for almost 40 years, since Blok published his first paper in
1937.16 Any refinements on this hypothesis that have been introduced
since that time have been relatively minor. The general concept of
a critical temperature for scoring can neither be defended nor be
refuted on strictly theoretical ground. It appears that further under-
standing of the mechanism of scoring will require a fundamental
approach backed up by detailed, combined theoretical analysis and |
sophisticated experimental observations.
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Granting the tentative nature of the predictive scheme presented
herein, the results clearly emphasize the importance of the thermal
behavior of the gear system in affecting the quasi-steady gear surface
temperature, and of the effects of misalignment and dynamic load on
transient tooth action and hence on scoring. A definitive understanding
of these three facets of gear performance is sorely needed, either to
improve the predictive methodology as proposed herein, or hopefully
to enable the development of a completely rational scheme of gear
scoring prediction.
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APPENDIX A
PROPERTIES OF TEST STEEL AND TEST OILS

Test Steel

All test disks and test gears employed in this program were
made of AISI 9310 CEVM steel, carburized to give a specified case
thickness, case hardness, and core hardness,

The bulk properties of the AISI 9310 steel are taken as follows:

Quantity Symbol Unit Value Remarks
Young's modulus E psi 30x 106
Poisson's ratio v - 0. 30
Equivalent Young's * * >
modulus E psi 33x106 E = E/(1-v?)
Density p 1b/in,3 0.283
Specific heat c in. /°F 1075
Thermal conduc-
tivity k 1b/°F-sec 5.84
Blok's thermal 1 i,
coefficient B Ib/°F-in.sec2 42.15 B=(pck)s

Test QOils

Two synthetic aviation gas turbine lubricants, a MIL-L-7808G
lubricant herein designated as Oil F and a MIL-L-23699 lubricant
herein designated as Oil E, were employed in the program. Adequate
quantities of these oils, each from a single production batch, were
supplied for use in both the disk tests and the gear tests by the USAF
Aero Propulsion Laboratory, under the code designations of O-67-23
for Oil F and O-64-2 for Oil E.
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The measured properties of these two oils at atmospheric
pressure are as follows:

Quantity Symbol Unit Qil F Oil E
Specification MIL-L- - - 7808G 23699
Density at 60°F P60 g/ml 0.953 1.007
Kin. viscosity at 100°F Vo cs 13.4 27.5
Kin. viscosity at 210°F Vo cs 3.23 5,07
Sp. ht. at 300°F c Btu/lb-°F 0.541 0,541
Th. cond. at 300°F k Btu/ft-°F-sec 0.0841 0,0703
Neutralization no. - mg KOH/g 0.2 0.2

The oil properties at any temperature and pressure may be
calculated by the following expressions:

P = pPeo- G(T - 60)

loglog (v, + 0.60) = A - B log (T + 460)

Bo = VoPo
b= poelP
- K
a, = ;E
where T = temperature, °F
p = pressure, psig
P, = density at atmospheric pressure and temperature T,
g/ml

Pg¢o = density at atmospheric pressure and 60°F, g/ml
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V., = kinematic viscosity at atmospheric pressure and
temperature T, cs

o = absolute viscosity at atmospheric pressure and
temperature T, cp

4 = absolute viscosity at pressure p and temperature T,
cp
a = pressure-viscosity coefficient at pressure p and

temperature T, psi -1

0o = pressure-viscosity coefficient at atmospheric pres-
sure and temperature T, psi‘l

B,A,B,K,B8 = fitting constants which are functions of the oil
in question

The various fitting constants to be used in the preceding
equations are as follows:

G x 104 A B K x 104 B
Oil F 3.94 11,75543  4,24477 12.717  0.566
Oil E 4,14 11,16683  3.99787 9.496  0.492
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APPENDIX B
COMPOSITE SURFACE ROUGHNESS

Surface roughness has been found to have a significant effect
on the lubrication-related failures, 9, 10,24-26 In order to relate the
lubrication and failure behaviors to surface roughness, some way of
quantitatively describing the<ns1:XMLFault xmlns:ns1="http://cxf.apache.org/bindings/xformat"><ns1:faultstring xmlns:ns1="http://cxf.apache.org/bindings/xformat">java.lang.OutOfMemoryError: Java heap space</ns1:faultstring></ns1:XMLFault>